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ABSTRACT

A micro steam turbine with a tip diameter of 15 mm was de-
signed and experimentally characterized. At the nominal mass
flow rate and total-to-total pressure ratio of 2.3 kgh−1 and 2,
respectively, the turbine yields a power of 34 W and a total-to-
static isentropic efficiency of 37 %. The steam turbine is con-
ceived as a radial-inflow, low-reaction (15 %), and partial ad-
mission (21 %) machine. Since the steam mass flow rate is lim-
ited by the heat provided by the system (solid oxide fuel cell),
a low-reaction and high-power-density design is preferred. The
partial-admission design allows for reduced losses: The turbine
rotor and stator blades are prismatic, have a radial chord length
of 1 mm and a height of 0.59 mm. Since the relative rotor blade
tip clearance (0.184) is high, the blade tip leakage losses are
significant. Considering a fixed steam supply, this design allows
to increase the blade height, and thus reducing the losses. The
steam turbine drives a fan, which operates at low Mach numbers.
The rotor is supported on dynamic steam-lubricated bearings;
the nominal rotational speed is 175 krpm. A numerical simula-
tion of the steam turbine is in good agreement with the exper-
imental results. Furthermore, a novel test rig setup, featuring
extremely-thin thermocouples (�0.15 mm) is investigated for an
operation with ambient and hot air at 220 ◦C. Conventional zero
and one-dimensional pre-design models correlate well to the ex-
perimental results, despite the micro size of the turbine blades.

NOMENCLATURE
A Area in m2

b (Channel) width in m
d,D Diameter in m
ds Specific diameter
h Specific enthalpy in Jkg−1

H Blade height in m
g Gravitational acceleration in ms−2

l Length in m
ṁ Mass flow rate in kgs−1

M Torque in Nm
ns Specific speed
p Pressure in Pa
P Power in W
r,R Radius in m
s Specific entropy in Jkg−1 K−1

Re Reynolds number
Rg Specific gas constant in Jkg−1 K−1

S Clearance in m
t (Blade) thickness in m
T Temperature in K
V̇ Volume flow rate in m3 s−1

z Number of blades
α Absolute blade angle based on the circumference in rad
β Relative blade angle based on the circumference in rad
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δ Degree of reaction
ζ Loss coefficient
η Efficiency
κ heat capacity raio
Π Pressure ratio
ρ Density in kgm−3

φ Flow factor
ψ Stage loading factor
ω Angular speed in rads−1

Subscript
1 machine inlet / inlet side test section
2 inlet nozzle inlet
3 inlet nozzle outlet
3.1 volute inlet
4 volute outlet / inducer inlet
5 inducer outlet / turbine stator leading edge
6 turbine stator trailing edge
7 turbine rotor leading edge
8 turbine rotor trailing edge
9 exducer outlet
10 diffuser inlet
11 diffuser outlet
12 machine outlet / outlet side test section
amb ambient
h hub
hyd hydraulic
is isentropic
m meridional
mech mechanical
s shroud
st static
t total
turb turbine
Abbreviation
CFD computational fluid dynamics
FTU fan-turbine unit
LE leading edge
TC thermocouple
TE trailing edge
SOFC solid oxide fuel cell

INTRODUCTION
Within the last two decades, several researchers demon-

strated small-scale turbines, mainly for the application in
air-to-electrical-power and micro gas turbine generator systems.
Epstein [1] suggested a “shirtbutton-sized” gas turbine, featuring
a 6 mm radial-inflow turbine with prismatic blades and rotating
up to 1200 krpm. The disc-shaped rotor was supported by static
and dynamic gas bearings.
Kang et al. [2] investigated a “fist-sized” gas turbine with a
12 mm compressor and a back-to-back mounted turbine impeller.

The radial-inflow turbine had three-dimensional blades made of
silicon nitride and was supported on a shaft with ball bearings.
In preliminary tests with ambient air, Kang et al. operated the
unit up to 420 krpm, corresponding to 53 % of the nominal
speed. Since the compressor performance was the focus of this
paper, no experimental results for the turbine were reported.
In 2007, Tanaka et al. [3] realized the “worlds-smallest gas
turbine” engine with a 17.4 mm radial-inflow turbine. At a
rotational speed of 360 krpm and a combustor temperature of
800 ◦C to 900 ◦C, a self-sustained Brayton cycle was demon-
strated. However, externally pressurized gas film bearings were
used; hence, the entire system was cannot be considered as
fully-self-sustained. In 2012, the Japenese IHI cooperation [4]
added dynamic gas film bearings to the unit and demonstrated a
fully autonomous operation with an electrical power of 60 W at
a rotational speed of 330 krpm.

Several other small-scale turbine systems can be found
in the literature, some of which are listed in Table 1. The tip
diameters are typically around 10 mm and rotational speeds of
up to 500 krpm were reported. The experimentally measured
power levels and maximum efficiencies range from one Watt,
up to several 100 Watts and from 8 % up to 58 %, respectively.
Note, that the rotational speeds in Table 1, correspond to the
listed power and efficiency measurements and not to the nominal
speed, since it was not reached due to technical limitations
or the highest efficiency was reached at lower rotor speeds.
The authors of this paper calculated and estimated several
values with the data in the corresponding references (bold and
underlined information, respectively).
In 2003, Peirs et al. [5] presented a 9.9 mm axial impulse turbine
with an optimal rotational speed of 420 krpm. Due to bearing
challenges, the turbine was designed for 210 krpm. However,
due to the limitations of the electrical generator, the highest
overall efficiency (10.5 %) was reached at 100 krpm, yielding an
isentropic efficiency of 18.4 % and a shaft power of 28 W. In
a second step Peirs et al. implemented “better ball bearings”,
adjusted the gap between the nozzle disc and rotor, and injected
hot air (up to 360 ◦C) instead of ambient air. The turbine reached
overall efficiencies of up to 16 %.
Arnolds et al. [6] coupled an off-the-shelf dental drill to a
magnetic generator. A maximum power of 1.1 W at a rotational
speed of 200 krpm was reached. The exact turbine inlet mass
flow rate was not measured, but it was estimated to 45 lmin−1 of
ambient air, what leads to an estimated overall efficiency of 8 %.
Krähenbühl et al. [7] tested a 9.5 mm axial impulse turbine,
featuring prismatic blades with a height of 0.5 mm. The tip
clearance was set to 0.1 mm. The power loss due to the generator
and the ball-bearing-supported shaft were measured with coast-
down tests (13 W at 500 krpm). This allowed to determine the
turbine isentropic efficiency with the overall efficiency, based
on the electrical power output. Krähenbühl et al. also intended
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TABLE 1. Overview of micro turbines driven by ambient air (top) and steam with temperatures from 150 ◦C to 220 ◦C (bottom). Non-formatted
numbers are directly stated in the reference (measurements), bold and underlined information is calculated and estimated, respectively, by the authors
of this paper with the data available in the reference. A dash (-) indicates, that no information could be extracted from the reference.

Year Authors Tip Rot. Effi- Power Bearing Turbine Power Ref.

of or diam. speed ciency type type meas.

Ref. Company in mm in krpm in % in Watt methodg

Ambient air

2003 Peirs et al. 9.9 100 18a 28c BB axial impulse EM [5]

2005 Arnold et al. 10 200 8b 1.1d BB dental drill EM [6]

2008 Krähenbühl et al. 9.5 370 28a 143c BB axial impulse EM & H [7]

2009 Krähenbühl et al. 10.5 495 52a 206c BB radial-inflow EM [8]

2011 Sato et al. 10 360 47a 37c BB radial-inflow EM [9]

2017 Fu et al. 10.6 360 58a 96c Static GB radial-inflow H [10]

2020 Wagner et al.f 15 175 33a 28c Dyn. GB radial-inflow H

Steam

2015 Green turbine - 30 44b 1400d BB axial impulse EM [11]

2016 Kim et al. 144 27.8 19.7a 4650c BB Hero EM [12]

2020 Placco et al. 70 1.3 25a 18c BB Tesla DM [13]

2020 Wagner et al.f 15 175 37a 34c Dyn. GB radial-inflow H

a Total-to-static isentropic efficiency b Overall efficiency (electrical to turbine isentropic power)
c Turbine shaft power d Electrical power of generator (shaft power not indicated)
e The bearing type: ball bearings (BB), static gas film bearing (static GB), and dynamic gas film bearing (dyn GB)
f Results are extracted from Figure 6 g Turbine power was measured with: (EM) electrical motor power and estimated
electrical motor and mechanical efficiency, (H) inlet and outlet flow enthalpies, and (DM) dynamometer

to measure the turbine power and efficiency with the inlet and
outlet enthalpies. However, they failed in doing so, since the
turbine was not sufficiently isolated from the thermal losses of
generator and bearings. The highest overall efficiency of 24 %
was reached at 370 krpm, corresponding to a turbine efficiency
of 28 %. The turbine power can be estimated to 143 W.
One year later, Krähenbühl et al. [8] presented a 10.5 mm radial-
inflow turbine geometry, based on three-dimensional blades and
a blade tip clearance, that is “as small as possible” (no exact
value is given in the reference). The ball-bearing-supported
rotor reached rotational speeds in excess of 600 krpm for a shaft
diameter of 3.175 mm. The maximum electrical power of 170 W
was reached at 495 krpm, resulting in an overall and turbine
efficiency of 43 % and 52 %, respectively.
Sato et al. [9] demonstrated a “palm-sized” 10 mm radial-inflow
low-reaction turbine based on prismatic blades manufactured

from Silicon. The rotor had 40 blades with a radial chord
of 1 mm, a blade height of 0.2 mm, and a running blade tip
clearance of smaller than 0.025 mm, which was adjusted with
shims. Without turbine, the ball-bearing supported rotor was
tested up to 475 krpm (106 % of the nominal rotational speed) by
using the generator as an electrical motor. However, due to axial
load limitations, the turbine was tested only up to 360 krpm.
Due to heat conduction problems and the difficulties to measure
all thermodynamic properties for such a micro device, the power
and total-to-static isentropic efficiency was estimated. The actual
turbine inlet temperature was corrected with the heat addition,
resulting from the ball-bearings and electrical generator. An
isentropic efficiency of 47 % and a turbine power of 37 W was
measured, corresponding to an electrical power of 30 W for a
generator efficiency of 81 %.
Fu et al. [10] presented a 10.6 mm radial-inflow turbine with
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forward-curved prismatic blades, similar to the design of Sato et
al. [9]. Due to the higher radial chord length of 2 mm (estimated
from figure 4 of the paper), the number of blades is lower
(11) than the design by Sato et al. (40). The blade height
is 1 mm and no information about the blade tip clearance is
given. The static-gas-bearing-supported rotor was operated up
to 80 % of the nominal rotational speed (450 krpm). Since no
generator was used (a compressor was the load), the power and
efficiency was determined with the measured inlet and outlet
enthalpies. A total-to-static isentropic efficiency of 57 % was
reported, resulting in an estimated power of 96 W (mass flow
rate of 1.5 gs−1 and pressure ratio of 2.93). This corresponds
to the highest isentropic efficiency reported in literature for a
∼10 mm turbine, despite the coarse manufactured prismatic
turbine blades. However, the power and efficiency measurement
with a generator is typically more reliable than a thermodynamic
approach.

All previously described experimental setups used ambient
air, except for Arnold et al. [6] (ambient nitrogen) and Peirs et
al. [5] (hot air). Considering water vapor, the literature offers
three different approaches of small-scale steam turbines. The
company Green Turbine [11] offers an axial impulse steam
turbine coupled to a generator with a maximum electrical power
of 1400 W. Kim et al. [12] investigated an array of Hero turbines
(also know as aeolipe) with a diameter of 144 mm, reaching an
electrical power of 1500 W, a mechanical power of 4650 W, and
a total-to-static isentropic efficiency of 20 %. Placco et al. [13]
investigated a 70 mm Tesla turbine and measured a mechanical
power of 18 W (dynamometer) and an isentropic efficiency of
25 %.
According to the authors knowledge, no experimental character-
ization of a micro steam turbine was published so far, except for
the unit presented in this paper. Wagner et al. [14] introduced a
novel solid oxide fuel cell (SOFC) system with an anode off-gas
recirculation fan, that is directly driven by a steam turbine. The
steam is provided by the waste heat from the SOFC system.
This fan is propelled by a micro radial-inflow, partial-admission
(0.21), and low-reaction (0.15) steam turbine. The 15 mm
turbine propels a 8 mm shaft, that is supported on dynamic
steam-lubricated bearings and rotates at 175 krpm (nominal
rotational speed). Wagner et al. report an estimated power of
29 W and an total-to-static isentropic efficiency of 42 % for a
rotational speed of 171 krpm. The authors stated that the turbine
power and efficiency measurement is challenging due to heat
conduction.

This paper has three scopes: (1) Since the precise charac-
terization of micro turbines is challenging, a novel test rig setup
with extremely-thin �0.15 mm thermocouples is presented and
evaluated both for ambient and hot air (220 ◦C). The results of
a conventional test rig setup with �1.5 mm thermocouples and

the novel setup are compared towards a computational fluid dy-
namic (CFD) simulation. A procedure is suggested, on how to
realize a reliable measurement, using the conventional setup. (2)
Since the literature does not provide any experimental realiza-
tion and characterization of a micro radial-inflow steam turbine,
this paper describes the design of such a device and outlines
its experimental characterization. (3) Non-dimensional similar-
ity concepts and one-dimensional loss models, conducted from
standard-sized turbines (Redh > 1e5), are compared to the exper-
imental and numerical results of the micro steam turbine, that
allows to determine the viability of these concepts for this spe-
cific case.

STEAM TURBINE DESIGN SUMMARY
The radial-inflow turbine design is inspired by the work by

Jovanovic [15] and Sato et al. [9]. It followed three iterative
steps, taking into account technical limitations due to manfauc-
turing and assembling:
(1) A high-level systems simulation and optimization of the
entire SOFC system, similarly to the methodology described
by Wagner et al. [16], allows to determine the turbine tip
diameter, rotational speed, total-to-static isentropic efficiency,
and admission. This SOFC simulation includes a model of the
waste-heat-driven radial anode off-gas recirculation fan and
the driving steam turbine, based on non-dimensional similarity
concepts by Balje [17]. The steam-lubricated journal and thrust
bearings are included to estimate the shaft diameter and the
bearing losses.
(2) A classical mean-line analysis allows to further specify the
turbine geometry. It determines the blade metal angles, the
blade height, and the number of blades. The turbine efficiency is
estimated with loss correlations by Soderberg [18]. The partial
admission losses (pumping and filling-emptying losses) are
estimated with correlations by Roelke (chapter 8 in [19]) and
Stenning [20], respectively.
(3) Manual iterations with a steady single-passage CFD simu-
lation refine the turbine rotor and stator geometry (blade metal
angles, thickness distributions, chamber mean-lines, and number
of blades). The admission is chosen in such way, that the
turbine can overcome its estimated partial admission losses,
the estimated bearing and shaft windage losses, and deliver the
required fan power.

Since the the excess heat and, therefore, the available steam
mass flow rate within the SOFC system is limited, the design
does not focus on achieving a high isentropic efficiency, but
rather on achieving a high specific turbine power output with
respect to the mass flow rate. Conversely, the pump power is
relatively low, due to the high fluid density of the water. The re-
alized turbine design uses a single convergent stator and operates
at choked conditions. The wake at the stator trailing edge (TE)
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TABLE 2. Geometrical turbine parameters of a) inlet, volute, and inducer, b) stator, c) rotor, d) axial and radial clearances, and e) exducer, diffuser,
and outlet. The blade angles are defined with respect to the circumferential direction in degree and all dimensions are given in mm. The turbine sections
and parameters are defined in Figure 1, Figure 2, Figure 3, and Figure 7.

a)

Inlet (1) and inlet nozzle (2, round)

d1 = d2 6 l3,2 11.4

Volute inlet (3, round)

R3 2 l3.1,3 21

Volute (tunnel-type, 3.1-4)

Tunnel type volute inlet (3.1)

R3.1 2 b3.1 0.7

Tunnel type volute outlet (3.2)

R3.2 0.56 b3.2 0.7

Turbine inducer (4-5)

Inducer inlet (4)

r4 13 b4 0.7

b)

Turbine stator (5-6)

Stator leading edge (5)

α5,blade 43.7 t5 0.25

r5 8.65 H5 = b5 0.70

Stator trailing edge (6)

α6,blade 22 t6 0.08

r6 7.65 H6 = b6 0.70

Stagger angle 58.6

Chord 1.92 Chamber 1.93

zstator 12 (out of 61)

Admission of 12+1
61 = 0.213

c)

Turbine rotor (7-8)

Rotor leading edge (7)

β7,blade 143.7 t7 0.09

r7 7.50 H7 0.586

Rotor trailing edge (8)

β8,blade 41.7 t8 0.08

r8 6.50 H8 0.586

Stagger angle 6.6

Chord 1.01 Chamber 1.24

zrotor 59

Channel width (b)

b7 = b8 =0.7−So f f set

d)

Axial clearances (S)

(from zero to nominal speed)

Blade tip clearance

Stip 0.133 to 0.143

Turbine backface clearance

Sback 0.115 to 0.105

Turbine hub and stator hub

(reference) axial offset (S)

So f f set −0.019 to −0.029

Radial clearances (S)

Rotor-stator Seal

Srs 0.125 Sseal 0.125

e)

Exducer outlet (9)

on hub (h) and shroud (s)

d9h 5.6 d9s 8

Diffuser inlet (10)

d10 8 l11,10 20.8

Diffuser outlet (11) and outlet (12)

d11 = d12 12

acts as a diverging nozzle; hence, local Mach numbers up to 1.3
are possible. A low-reaction turbine design was chosen, due to
several advantages:

• High-power: A high turning angle leads to a high specific
power, but to a lower isentropic efficiency.

• Low thrust force: The turbine impeller hub static pressure
profile, and thus the thrust force, is reduced.

• Partial-admission: Only as low-reaction turbine is capa-
ble of operating efficiently in partial-admission mode. The
partial-admission design adds more design flexibility, which
is of particular interest when the blade features become very
small. Partial admission allows (1) increasing the turbine
radius while the blade height remains constant, (2) increas-
ing the blade height while the turbine radius remains con-
stant, or (3) a combination of the two. A higher radius in-
creases the turbine specific enthalpy (at constant rotational
speed), whereas an increased blade height decreases the rel-
ative blade tip clearance, and thus increases the turbine isen-
tropic efficiency (not considering partial-admission losses).

• Low turbine-to-fan leakage rate: The pressure difference
between the turbine and the fan TE is lower, which leads
to a lower steam leakage from the turbine side, through the
housing of the unit, to the anode off-gas recirculation fan.

• Low blade tip clearance leakage: A low-reaction turbine
design leads to a lower pressure difference between the blade
suction and pressure side, which is favorable for a reduced
tip leakage loss [19]. Since the turbine channel width is rel-
atively small (0.7 mm) and the turbine blade tip clearance
relatively high (0.133 mm), the relative blade tip clearance
is high. Hence, the tip leakage loss is the most pronounced
secondary flow loss in this design.

Classical design approach: Lewis [21] provides correlation for
optimal turbine design in terms of the flow factor (φi), the stage
loading factor (ψ), and the turbine degree of reaction (δ ).

φi =
cm,i

ui
(1)

ψ =
4∆htt

d2
8ω2 (2)

δ =
∆hstst,rotor

∆hstst,stage
(3)

The flow factor at a turbine section (i) is the ratio of the merid-
ional velocity (cm,i) to the circumferential velocity (ui), both
based on the mean radius of the section. The stage loading factor
is the ratio of the total-to-total specific enthalpy difference (∆htt )
to the square of circumferential velocity at the rotor blade TE
mean diameter (u8 = ω

d8
2 ). The degree of reaction is the ratio

of the static-to-static specific enthalpy difference of the rotor
(∆hstst,rotor) to the static-to-static specific enthalpy difference of
the stator and rotor (∆hstst,stage).

Design challenges: The fan has a low pressure rise and,
therefore, a relatively low blade tip Mach number, as well as a
low rotational speed, which limits the turbine efficiency. The
integrated system optimization suggests a relatively high fan
specific speed (as defined by Balje [17]) of 1.1, and thus a
low fan isentropic efficiency, in order to increase the turbine
efficiency.
The current turbine design does not operate in the optimal design
region, as suggested by Lewis [21]. Due to the relatively low
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rotational speed, the measured flow coefficient (based on the ro-
tor LE) and the stage loading coefficient (based on the rotor TE)
are 1.2 and 3.7, respectively, for the nominal operation (steam at
220 ◦C). These values are higher than the recommended values
of 0.5-0.8 and 1.6-2.0, respectively, for a turbine with reaction
of 0.15; hence, the turbine isentropic efficiency is lower.
In summary, the three design challenges for this specific steam
turbine are thus: (1) a high relative Mach number at the turbine
rotor blade LE, due to high stage loading factor, (2) manufactur-
ing limitations, i.e., relatively thick rotor blade edges, and (3) a
high relative rotor blade tip clearance.

Baseline design: Table 2 lists all turbine design parameters.
Figure 1 shows the turbine volute, inducer, and stator. Figure 2
b) shows the turbine inducer, rotor, and stator and a) a zoom of
the stator and rotor. The design of each component is described
as follows:
Volute (section 3.1 to 4): The absolute velocity at the turbine
inducer inlet (c4) features an absolute flow angle (α4) due to the
turbine volute. The selected tunnel cross-section volute consists
of a half circle with a radius (R3.1) of 2 mm and a rectangular part
with a width of 2R3.1 = 4mm and a height of b3.1 = 0.7mm at
throat (section 3.1 indicated in Figure 1 e). The constant volute
width is equal to the stator blade channel width (b3.1 = b3.2 =
b4 = b5 = b6 = 0.7mm). The volute outlet is rectangular and
features the same admission ratio ( 13

61 ) as the turbine stator. In a
first approximation, the absolute flow angle at the volute outlet
(α4) is independent of the fluid properties and is only a function
of the volute inlet area (A3.1) and its radius (r3.1 = r4 +R3.1) and
the volute outlet area (A4) and its radius (r4).

α4 = arctan
(

r3.1

r4

A4

A3.1

)
= 33◦ (4)

A numerical investigation of this turbine volute by Font [22] sug-
gest a deviation of up to +1◦ from eq. (4) for this specific case;
hence, eq. (4) is a good approximation for α4. The turbine vo-
lute is designed for constant angular momentum (rcu = const.)
yielding a homogeneous distribution of the fluid to the turbine in-
ducer (4). Figure 1 shows the manufactured turbine volute. The
first part of the turbine volute is manufactured with a spherical
milling tool. However, the size of the tool is limited to 0.5 mm,
such that the last volute part (starting from section 3.2 in Fig-
ure 1) is manufactured with a planar milling tool and approxi-
mated flat surfaces.

Inducer (section 4 to 5): Ideally, the inducer guides the flow
to the stator, without turning it. However, the absolute flow an-
gle (α) is not constant between the turbine inducer inlet (section
4) and outlet (5). Due to the relatively small channel width of
0.7 mm, the frictional losses of the turbine hub and shroud reduce
the fluid momentum; hence, the absolute velocity circumferential

3.2

b
3

.1

e) Tunnel
cross-section

O-ring

Extraction 
screws (2x)

b) Rotor-stator 
static pressure

c) Outlet
temp. (TC4)

a) Inlet
Temp. (TC3)

d) static
pressure

4

FIGURE 1. The manufactured partial-admission turbine volute after
tests with steam at 220 ◦C, the removable turbine stator, a) the tem-
perature measurement at the volute with a �0.15 mm thermocouple, b)
the half circle static pressure measurement tap (�0.15 mm) at the rotor-
stator interface, c) the (broken) �0.15 mm thermocouple downstream of
the turbine TE, d) the static pressure measurement close to the CFD out-
let boundary condition and e) the dimensions of the tunnel cross-section
volute.

component does not strictly follow the rcu = const. correlation.
According to a steady single-passage CFD simulation, the flow
angle increases by up to 10◦ between the turbine inducer inlet
(4) and the stator LE (5) for steam at 220 ◦C. The turbine inducer
sidewalls, therefore, do not follow a logarithmic spiral. Thus, the
sidewall geometry is estimated with a CFD simulation, based on
the nominal point.
Stator (section 5 to 6): The stator blade LE and TE angles
(α5,blade and α6,blade, respectively) are 43.7◦ and 22◦, respec-
tively. The flow deviation at the stator TE is low, since the sta-
tor solidity is high. The blade solidity based on the turbine sta-
tor TE ( r5−r6

2πr6
61) is 1.26 and 2.42 using the actual chord length

(1.93 mm). The blade aspect ratio ( H5
r5−r6

) is 0.7 and 0.36 us-
ing the actual blade chord length. Some geometrical parameters
are limited by manufacturing: the stator blade TE thickness is
0.08 mm and the stator blade height is 0.7 mm (maximum length
of 0.8 mm for the 0.2 mm milling tool). The selected stator blade
TE thickness and blade height are challenging to manufacture,
and some stator blades show plastic deformation at the blade TE
due to the manufacturing process (Figure 2 a).

Rotor (section 7 to 8): The turbine rotor blade thickness and
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a) b)

rotor

stator

rotor

CFD inlet BC4

5

8

6 7

9
CFD outlet BC

FIGURE 2. a) Optical microscopy with Hirox KH-8700 of the turbine
stator and rotor (digitally mirrored) and b) overview of turbine stator
(downside-up) and rotor with turbine inducer. The red arrow marks the
rotational direction. The CFD inlet boundary condition (BC) at section 4
and outlet boundary condition at section 9 are marked in b) whit dashed
lines. The Stator and rotor leading and trailing edges (5, 6, 7, and 8,
respectively, are marked in a) with dashed lines.

blade angle distribution is based on a modified NACA profile of
the primary series from the technical note 3802 [23]. The se-
lected blade turning angle is 102◦ (β7,blade − β8,blade), whereas
the blade stagger angle is 6.6◦. The NACA technical note 3802
provides recommendations for the LE and TE radii. A LE and
TE radius divided by the chord length of 4.4 % and 1 %, respec-
tively, are recommended. This would lead to a LE and TE radius
of 0.045 mm and 0.01 mm, respectively. However, such small
radii are not possible to manufacture with the selected method
(milling) and for the selected material (stainless steel). For the
proposed turbine rotor blade design, the LE radius is 0.09 mm
and the TE radius is 0.08 mm; nearly eight-times higher than the
recommendation from the NACA technical note.
The turbine blade design is challenging for three reasons: (1)
The high power density requires high blade turning, (2) the rela-
tive Mach numbers at the rotor LE is relatively high, due to a high
stage loading factor, and (3) the acceleration at the turbine rotor
LE is high due to a relatively high LE radius. Thus, the origi-
nal NACA primary profile from technical note 3802 [23] leads
to increased separation at the rotor blade suction and pressure
side (depending on the blade incidence), as well as to a rapid ac-
celeration and deceleration at the thick blade LE. To limit these
negative effects, the authors shifted the maximum normal layer
thickness from the initial 20 % chord location to 35 %. In ad-
dition, the normal layer thickness was reduced from the initial
0.25 mm to 0.21 mm, and the blade turning at the turbine LE was
decreased.
The high relative turbine blade tip clearance increases the turbine

secondary flows and also increases the flow deviation at the tur-
bine TE. Since this parameter has a significant impact on the tur-
bine power and efficiency, it is validated with dimensional mea-
surements:
(1) The average blade height was determined to 0.586 mm. (2)
The average turbine rotor blade tip clearance at zero speed was
determined to 0.133 mm (stip in Figure 3). (3) The axial offset
between the rotor and the stator hub surface, that is the refer-
ence for the measurement, is -0.019 mm at zero speed. Although
the unit uses a shim (precise shim in Figure 3), the alignment
to the micrometer is challenging. Wagner et al. [24] measured
the thrust bearing clearance for this unit at ambient conditions
and estimated it for nominal conditions (200 ◦C). Due to the ax-
ial motion of the rotor (0.01 mm), the rotor and stator hub mis-
alignment increases from the initial -0.019 mm to -0.029 mm at
175 krpm. Consequently, the turbine channel width and the blade
tip clearance increase with speed to from 0.719 mm to 0.729 mm
and from 0.133 to 0.143 mm, respectively. This corresponds to
relative blade tip clearance ( Stip

b7
) of 0.20.

The selected number of turbine rotor blades (59) is a trade-off
between deviation, blade profile, and partial-admission losses. A
high blade number is beneficial for a low deviation and for low
partial-admission losses, but increases the profile losses. The se-
lected blade solidity based on the turbine rotor TE ( r7−r8

2πr8
59) is

1.44 and 1.46 using the actual chord length (1.01 mm).
Exducer and diffuser (section 8 to 11): The turbine exducer
hub and shroud are based on circular surfaces with a radius
of 3.275 mm and 2.35 mm, respectively. Considering a full-
admission exducer, the flow would be accelerated, since the area
at the exducer inlet (π (d9s +2.35mm)b8)) is higher than the
area at the exducer outlet (π

(
d2

9s −d2
9h

)
). However, the partial-

admission exducer ( 13
61 ) expands the flow, which leads to a dif-

fusion. The turbine rotor TE is thus designed in such way that
the flow exits the rotor in a nearly 90◦ angle to limit the swirling
motion of the flow, and thus the losses. At the machine outlet
(section 10 to 11), the flow diffuses in a diffuser from a 8 mm di-
ameter to a 12 mm diameter. The diffuser length is 20.8 mm. A
detailed CAD drawing of the inlet and outlet measurement sec-
tion is given in the appendix.

MEASUREMENT SETUP
The test rig and measurement equipment used for the exper-

iments, are the same as the ones described by Wagner et al. [24]:
For the hot tests, the entire anode off-gas recalculation unit is
placed inside an electrical oven. The hot air or the water vapor
is provided with an evaporator from EBZ to the turbine. The air
and deionized water is filtered (5 µm and 35 µm, respectively).
At the turbine outlet, the air and water vapor is expanded to the
ambient (no condenser).
Since the shaft torque could not be measured and no generator is
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FIGURE 3. Side view of the seal (green), the turbine rotor and stator
(blue), the turbine volute (grey), and the shaft (orange) with the turbine
locking mechanism (screw + nut). The placement of the �0.15 mm ther-
mocouple after the turbine TE and the static pressure measurement lo-
cation in the seal and close to the CFD outlet boundary condition (BC)
are indicated. The radial rotor-stator clearance (sradial), the shaft-seal
radial clearance (sseal), the turbine backface-seal axial clearance (sback),
and the rotor blade tip axial clearance (stip) are marked with a red solid
line (the latter two are adjusted with a precise shim).

present (the recirculation fan is the load), the turbine power is de-
termined with the inlet and outlet total enthalpies (ṁht ), assum-
ing zero turbine-to-fan leakage and neglecting heat conduction
and convection effects.

Pturb = ṁ1∆htt = ṁ1 (ht,in −ht,out) (5)

The turbine inlet mass flow rate (ṁ1) was determined with an
Emerson D S006S Coriolis mass flow meter (measurement un-
certainty of ±

(
0.002+ 0.006

ṁ

)
100 % on the read, ṁ in kgh−1) or

a KNF SIMDOS10 membrane pump (±0.12kgh−1) for the air
tests or the water vapor tests, respectively. The static gauge pres-
sures were measured with a Scanivalve DSA 3217 (6.9 bar) with

a verified measurement uncertainty of ±0.02% on the full scale
(±0.7mbar). The ambient pressure was measured with a Lufft
Opus 20 (±0.5mbar). Temperatures were measured with class 1
k-type thermocouples (calibrated, ±0.5 ◦C). The rotational speed
was measured with a Philtec D 20 optical probe (measurement
uncertainty of ±0.5krpm @ sampling rate of 50 kHz).
Figure 7 in the appendix shows the turbine inlet (a) and outlet
(b) measurement sections, each featuring two �1.5 mm thermo-
couples (at 180◦) and four evenly-distributed static pressure taps
(pneumatically-averaged). Thermocouple 1 at the inlet section
was wall-mounted and thermocouple 2 was immersed two-times
the diameter (3 mm) into the 6 mm tube. Thermocouples 5 and 6
at the outlet side test sections were also immersed two-times the
diameter (3 mm) into the 12 mm tube. These four thermocou-
ples are robust, easy-to-install, and easy-to-seal. This conven-
tional test rig setup is compared to a novel set up featuring two
�0.15 mm thermocouples (TC3 and TC4). Thermocouple 3 was
inserted into the turbine volute (Figure 1 a) and thermocouple
4 was inserted down-stream of the turbine TE (Figure 1 c) and
Figure 3), both via a 0.5 mm hole. TC3 and TC4 protruded 1 mm
and 0.5 mm, respectively, that corresponds to 6.7 and 3.3-times
the diameter, respectively. Sealing was achieved with a Loctite
EA 9497 clue. Although, the test rig setup worked for hot air at
220 ◦C, two problems were encountered for the hot steam setup
at 220 ◦C: (1) A leakage occurred due to the corrosiveness of the
steam, and (2) thermocouple 4 broke (Figure 1 c). The authors
assume water droplets in the steam during the system startup as
possible reason for the defect.
Besides the inlet and outlet static gauge pressure, the rotor-stator
pressure is measured with a �0.15 mm half circle tap (Figure 1
b) at the shroud surface. The static pressure at the turbine sec-
tion 9 is measured with a 0.5 mm pressure tap (Figure 1 d) and
Figure 3).

TURBINE POWER AND EFFICIENCY DEFINITION
Two different power definitions are investigated.

P1 = ṁ1

(
ht (TTC2, pt,4)−ht

(
TTC5 +TTC6

2
, pamb

))
(6)

P2 = ṁ1 (ht (TTC3, pt,4)−ht (TTC4, pamb)) (7)

The first one is based on the �1.5 mm thermocouple at the in-
let (TTC2, inserted 2d) and the averaged temperature of the two
�1.5 mm thermocouples at the outlet (TTC5 and TTC6, both in-
serted 2d). The second one is based on the two �0.15 mm ther-
mocouples at the volute (TTC3) and after the turbine TE (TTC4).
The measured temperatures are corrected with a recovery factor
according to the correlations proposed by Hirschberg et al. [25].
However, this is only relevant for TC4, since here high Mach
numbers are reached (M > 0.3). Both power definitions use the
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estimated total pressure at turbine section 4 (Figures 1 and 2)
and the measured ambient pressure (pamb). The pressure loss
between the inlet section 1 and section 4 is estimated with an an-
alytical model by Font [22]. Font verified the model with CFD
simulation (correlations within ±1mbar); the pressure loss is be-
low 15 mbar for all operational points.
Similarly, the total-to-static isentropic efficiency 1 and 2 is de-
fined for the two cases.

ηis,tst,1 =
∆htt,1

∆his,tst,1
(8)

ηis,tst,2 =
∆htt,1

∆his,tst,2
(9)

The turbine total-to-static isentropic specific enthalpy difference
1 and 2

∆his,tst,1 = (ht (TTC2, pt,4)−hst (s(TTC2, pt,4) , pamb)) (10)
∆his,tst,2 = (ht (TTC3, pt,4)−hst (s(TTC3, pt,4) , pamb)) (11)

is calculated, using the total inlet total temperature (TTC2 and
TTC3, respectively), the total pressure at section 4 (pt,4), the am-
bient pressure (pamb), and the entropy at the inlet (s(TTC2, pt,4)
and s(TTC3, pt,4), respectively).
The turbine reaction

δ ≈ protor−stator − pamb

pst,1 − pamb
(12)

is estimated with the measured turbine rotor-stator static pressure
(protor−stator, measured with tap in Figure 1 b), the ambient
pressure (pamb), and the turbine inlet static pressure at section 1
(pst,1).

NUMERICAL SETUP
The commercial software Ansys CFX 19.2 is used for the

steady and transient CFD simulation. Figure 4 shows the sim-
ulation domain that consists of the turbine inducer (Figure 2 b)
on the top), the turbine stator, the turbine rotor, and the turbine
exducer until turbine section 9 (Figure 2 b) and Figure 3). The
turbine nut (Figure 3) is modeled as round, although it features
a hexagon for tightening. The rotor and the stator are aligned in
such way, that the turbine power of the steady simulation has a
comparable result to the one-period-averaged power of the tran-
sient simulation.
A structured mesh is generated with the “ATM topology” of AN-
SYS TurboGrid, where the first cell height is selected to achieve

Outlet 

boundary 

condition (9)

Stator domain

(non-rotating)

Inducer 

domain

(non-rotating)

Impeller domain

(rotating)

Exducer domain

(non-rotating)

Inlet 

boundary 

condition (4)
Periodic 

boundary

(4x2)

Inducer-stator 

interface

(4.1)

Rotor-stator 

interface #1

(6.1)

Rotor-stator 

interface #2

(8.1)

1 mm

1 mm

FIGURE 4. Domain regions (right): inducer, stator, rotating turbine
impeller, and exducer domain from the top to the bottom, and generated
mesh (left) at the hub for each domain from the bottom view. The fluid-
to-fluid interfaces are marked green.

an average y+ value of 1. The time step for the transient simu-
lation is chosen to achieve a root-mean-squared Courant number
of lower than one (500 steps per blade passing). The turbine tip
clearance is assumed as constant (0.143 mm) for all cases (me-
chanical or thermal deformation is thus neglected) and modeled
with 30 layers. In total, the mesh has one million elements. A
compressible and non-isothermal ideal gas is assumed.The ad-
vection sheme is set to high resolution. The SST turbulence
model with a medium turbulence intensity of 5 % at the inlet
boundary condition (section 4) is selected.
As listed in Table 2, the stator has 12 blades and features an ad-
mission of 12+1

61 = 0.21. The single passage simulation features a
periodic boundary condition for each domain, thus in total there
are 4 ·2 = 8 periodic boundary conditions. The turbine rotor fea-
tures 59 rotor blades and features fluid-to-fluid frozen rotor in-
terface with pitch change between the stator-rotor domain (rotor-
stator interface #1 in Figure 4).
Since the steady simulation accounts only for one passage, the
empty-filling losses at the end and the start of the admission, re-
spectively, and the pumping effect of the non-admission turbine
blades are not taken into account. The inlet boundary condi-
tion (turbine section 4) is the total temperature (from TC3) and
the total pressure at section 4 (total pressure of section 1 minus
the estimated pressure loss), as well as the absolute flow angle
(α4 = 33.4◦). The outlet boundary condition (turbine section 9)
is the measured area-averaged static pressure at section 9 (Fig-
ure 1 d), Figure 1 b), and Figure 3). Hence, the mass flow rate
through the passage is the result of the simulation. The rotor
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shroud is simulated as counter-rotating wall. The stationary ex-
ducer domain hub assumes a rotating wall with the rotational
speed of the rotor domain. All walls are modeled as adiabatic.
The simulation does not account for the axial offset (negative
step between the stator and the impeller hub surfaces) at the nom-
inal speed of -0.029 mm.
The turbine power is evaluated as the impeller torque (blades and
hub) and the exducer hub torque around the rotational axis mul-
tiplied with its angular velocity, the number of blades (59), and
the admission (0.21). The mass flow rate is evaluated with the
inlet passage mass flow rate multiplied with 13 (zstator +1). The
efficiency is evaluated as the total-to-total specific enthalpy dif-
ference divided by the total-to-static isentropic specific enthalpy
difference from eq. (11). The turbine reaction is calculated ac-
cording to eq. (12), where the rotor-stator static pressure is eval-
uated as the line-averaged static pressure at the turbine shroud at
the rotor-stator interface #1 in Figure 4.

COMPARISON OF THE EXPERIMENTAL RESULTS TO-
WARDS THE NUMERICAL RESULTS

The turbine was investigated bot at steady and transient op-
eration, with ambient air, hot air, and water vapor.
Ambient air (transient): The transient behavior of the thermo-
couples is outlined for a case with ambient and dehumidified
air. Figure 5 shows the recorded raw temperatures of the six dif-
ferent thermocouples (TC1-TC6) and the two bearing tempera-
tures (TB1 and TB2) for two transient operations (turbine startup
and coast-down) and a steady operation at the nominal rotational
speed (175 krpm) between minute 6.0 and 17.1. At the start,
the temperatures of TC1-4 and TB1-2 were within ±0.1 ◦C at
24.4 ◦C (ambient temperature). TC5 and TC6 indicated a slightly
lower temperature of 23.5 ◦C, due to a previous turbine test and
the resulting cooling effect of the outlet side test section (Fig-
ure 7 b) in the appendix). Until the start of the steady-state oper-
ation at minute 6, the TC4 rapidly decreased to 1.3 ◦C (corrected
temperature of 2.9 ◦C), whereas TC4 and TC5 indicated 15.2 ◦C,
suggesting a heat conduction and convection of 16 W. The wall-
mounted thermocouple at the inlet (TC1) still indicated the am-
bient temperature at the beginning (24.5 ◦C). The 2d-immersed
TC2 indicated consistently a lower temperature of 0.1 ◦C than
the wall-mounted TC1. The thermocouple in the volute (TC3)
dropped to 23.9 ◦C (corrected temperature of 24.2 ◦C). At this
point, the difference between TC1 and TC3 was 0.3 ◦C, either
due to a cooling effect in the volute (expansion in the turbine) or
due to a non-precise recovery factor. After 11.1 minutes steady
operation, TC5 and TC6 indicated a non-steady temperature of
7.6 ◦C, and thus a power and total-to-static isentropic efficiency
of 21 W and 24 %, respectively. According to the authors’ expe-
rience, it can take up to 90 min to reach a steady operation for
TC5 and TC6. TC3 indicated a steady temperature (0 ◦C and
1.6 ◦C for the raw and corrected temperature, respectively), and
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FIGURE 5. The measured raw temperatures and the corrected (corr.)
temperature from TC3 and TC4 with the heat recovery factor for an
acceleration from 0 to 175 krpm (minute 0 to 6.0), steady state operation
(minute 6.0 to 17.1), and coast-down (minute 17.1 to 17.95). At steady
state operation, the mass flow rate is 4.6 kgh−1 and the pressure ratio is
2.4. The measurement uncertainty of ±0.5◦C is indicated on the left.
The temperatures and speed (sampled at 50 kHz) are averaged over 1 s.

thus a steady power and efficiency of 28 W and 33 %, respec-
tively. The results of the CFD simulation suggest an outlet tem-
perature of −5.9 ◦C, a power of 32 W, an efficiency of 45 %, and
a mass flow rate of 3.8 kgh−1 (experiment 4.6 kgh−1). The au-
thors assume three reasons for the non-accurate correlation: (1)
manufacturing tolerances of the blade shapes, (2) overestimation
of efficiency with the CFD simulation due to increased losses
(e.g. partial admission losses), and (3) underestimation of the ex-
perimental turbine efficiency due to heat conduction effects. The
actual turbine efficiency, is therefore estimated between 33 % and
45 %.
The bearing temperatures close to the fan and turbine (TB1 and
TB2, respectively) reached 32.1 ◦C and 30.5 ◦C, respectively.
TB2 is lower, due to the cooling effect on the turbine-side. Dur-
ing the coast-down starting at minute 17.1, the mass flow rate
to the turbine was decreased to zero until minute 17.45. TC4
rapidly increased to 18 ◦C. At minute 17.4, the temperature in
the volute started to drop from 23.1 ◦C to 19.9 ◦C, since the tur-
bine acted as a “fan” and pumped the cold air upstream into the
volute.

Turbine characteristic: Figure 6 shows the turbine charac-
teristic, including inlet mass flow rate, the reaction according to
eq. (12), the power according to eq. (5), the total-to-static isen-
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11 Copyright c© 2020 by ASME



TABLE 3. Corrected total temperatures (left) and estimated mechanical power loss of the shaft and rotor (right) for the nominal operation point at
175 krpm for different fluids: ambient air, hot air, and water vapor. For the first case, the main heat flux is from the fan to the turbine, and vice versa for
the last two cases (hot air and water vapor).

Corrected

total temperatures

in ◦C at 175 krpm

Turbine Bearing Fan Oven Bearing

In (TC2) Out (TC3 and TC4-5) side In mech. loss

�1.5 mm �0.15 mm �1.5 mm Turbine Fan in W

Ambient air (AA) 24 1 7 30 32 24 24 16.8

Hot air (HA) 219 189 184 203 201 176 180 19.3

Water vapor (WV) 211 - 182 191 189 157 180 11.8

tropic efficiency, and the total-to-static pressure ratio.

Πtst =
p1 +

ṁ2
1

2ρ1A2
1
−∆ploss,1−4

pamb
(13)

It is calculated with the measured static inlet static pressure (p1),
the measured mass flow rate (ṁ1), the area at the measurement
position 1 (A1), the measured ambient pressure (pamb), and the
estimated pressure loss between section 1 and 4 (∆ploss,1−4). Due
to the selected boundary conditions of the CFD simulation, this
pressure ratio is identically for the simulation and the experi-
ments. The recirculation fan and the bearing losses were the load
for all turbine tests.
The characteristic was analyzed for the following fluids: ambi-
ent air (AA, green circles), hot air (HA, red squares), and water
vapor (WV, blue triangles). For all three fluids, the power and
efficiency was measured with the �1.5 mm thermocouples ac-
cording to eqs. (6) and (8) (solid lines). Additionally, the power
and efficiency was measured with the �0.15 mm thermocouples
according to eqs. (7) and (9) (dashed lines) for the ambient air
and hot air case. These experimental results are compared to-
wards a steady single passage CFD simulations (dotted lines).
Ambient air (steady): The ambient air case is typically dis-
cussed in the literature, considering micro turbines. Here, the tur-
bine inlet total temperature was 24 ◦C and the ambient pressure
was 0.96 bar. Pressure ratios between 1.5 to 2.4, mass flow rates
between 2 kgh−1 and 4.6 kgh−1, respectively, and turbine reac-
tions between 15 % and 20 %, respectively, were measured for
rotational speeds between 103 krpm and 175 krpm, respectively.
The measured turbine power 2 (�0.15 mm TC) from eq. (7) was
between 6.4 W and 27.8 W, corresponding to efficiencies be-
tween 28.5 % and 32.5 %, respectively. The measured turbine
power 1 (�1.5 mm TC) from eq. (6) and turbine efficiency from
eq. (8) were consistently lower. As reported by Krähenbühl [7],
the fluid at the turbine outlet rapidly heats up, and thus the mea-
sured turbine power is reduced. The difference between power 1

and 2 was between 3.7 W to 6.3 W, corresponding to an decrease
in measured power by 58 % and 22.5 %, respectively. This had
mainly three reasons: (1) heat conduction in the radial and axial
direction to the ambient in the outlet side test section, although
it was well insulated with glass fiber tapes, (2) heat conduction
from the cold turbine to the ambient fan side, and (3) heat addi-
tion by the bearing losses (calculated between 5 W and 16.8 W).
Table 4 lists the temperature levels for the nominal operation
(175 krpm) with ambient air (top row). The measured corrected
total temperature from TC3 (�0.15 mm) is 6 ◦C lower than the
averaged measurement of TC4 and TC5 (�1.5 mm). The outlet
fluid is 23 ◦C below the ambient, suggesting increased heat con-
duction and convection. As discussed before, the bearing tem-
perature close to the turbine is cooler (30 ◦C) than close to the
fan (32 ◦C), due to the increased heat conduction from the fan to
the turbine side.
Hot air (steady): During the hot air measurements, the entire
test rig was immersed into an electrical oven, which was main-
tained at 180 ◦C. The turbine inlet temperature (218 ◦C to 219 ◦C)
was maintained close-to-nominal-conditions. The turbine outlet
temperature measured with TC4 (�0.15 mm). It ranged between
189 ◦C and 201 ◦C and, therefore, was above the oven tempera-
ture and the fan inlet temperature (175 ◦C to 177 ◦C), suggesting
three heat conduction effects: (1) in axial and (2) in radial di-
rection from the turbine outlet side test section to the ambient
(25 ◦C) and to the oven environment (180 ◦C), respectively, and
(3) from the turbine to the fan side. Thus, the bearing tempera-
ture at the turbine side was between 1 ◦C to 2 ◦C higher than at
the fan side (Table 4 lists the temperatures for the nominal point).
The measured power and efficiency 1 (�1.5 mm TC) was there-
fore consistently higher than power and efficiency 2 (�0.15 mm
TC). This difference in measured power and efficiency points de-
creased from 4 W at 110 krpm to 2.9 W at 175 krpm and from
11 % points to 2.9 % points, respectively. At the nominal point,
the turbine outlet temperature is closer to the oven temperature
and closer to the fan inlet temperature, suggesting reduced heat
conduction effects; hence, power 1 and 2 and efficiency 1 and 2
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showed less deviations.
Since the turbine inlet temperature is higher for the hot case
(219 ◦C compared to the ambient case at 24 ◦C), the mass flow
rate is lower. At a given pressure ratio, the ratio of the hot turbine
mass flow rate to the ambient turbine mass flow rate corresponds

to the analytical value of 0.77 for all points (
√

TCA
THA

=
√

297.15
492.15 ),

which indicates a consistent measurement. Similarly, the reac-
tion is decreased by 3 % points up to 4 % points, since the turbine
operated closer to its design conditions (Mach number of air and
water vapor at 220 ◦C is 444 ms−1 and 543 ms−1, respectively).
Thus, the rotor losses were reduced, although the Reynolds num-
ber based on the hydraulic diameter of the throat section (Redh ) is
reduced from 3.0×104 to 1.6×104, suggesting higher frictional
losses in the turbine channels.
At the nominal rotation speed of 175 krpm, the turbine operates
with a pressure ratio of 2.4, a mass flow rate of 3.5 kgh−1, a re-
action of 0.16, yielding a power of 32 W at an efficiency of 29 %.
Comparison to CFD: The CFD simulation with ambient and
cold air do not correlate well with the experiments. The mass
flow rate is underestimated by 16 % and 20 % for ambient and
hot air, respectively. The simulated reactions are between 20 %
to 35 % higher. The simulation, therefore, is limited due to (1)
partial admission effects and (2) unsteady effects, which influ-
ence the measured rotor-stator pressure. Considering, the am-
bient air case, both power 2 and efficiency 2 were consistently
overestimated: between 2 W (at 103 krpm) to 6 W (at 175 krpm)
and 17 % points to 15 % points, respectively. The hot air case
showed similar predictions: the power 2 varied from −1 W to
8 W and the efficiency 2 varied from 6 % to 16 % points.
Water vapor (SOFC): Figure 6 also shows the experimental re-
sults of the steam turbine by Wagner et al. [14] for an operation
in the relevant environment (6 kWe SOFC). The measured water
vapor mass flow rate to the hot air mass flow rate corresponds to
a value between 0.74 at 115 krpm (inlet temperature of 225 ◦C)
and up to 0.79 at 170 krpm (inlet temperature of 216 ◦C). Assum-
ing similar inlet temperatures and pressures and neglecting the
slightly different Mach numbers in the throat, the analytical value

is 0.77 (
√

Rg,HAκWV
Rg,WV κHA

=
√

287·1.322
461·1.39 ), which is consistent with the

measurements with hot air at 219 ◦C. Considering similar pres-
sure ratios, the turbine reaction is slightly reduced, suggesting
lower rotor losses, due to (1) a slightly higher Reynolds number
(2×104 instead of 1.6×104) and (2) an operation close-to-the-
nominal-point. Reactions between 12.3 % (at 115 krpm) and up
to 13.8 % (at 170 krpm) were measured. Wagner et al. reported
inconsistencies in the turbine power and efficiency measurement
and suggested a corrected power and turbine efficiency (thin blue
solid line with up-pointing triangles in Figure 6).

ηturb,corrected =
ηFTU

ηmechη f an
(14)

This efficiency is calculated with the measured fan efficiency
(η f an), the estimated mechanical efficiency (ηmech), and the over-
all efficiency of the fan-turbine unit (ηFTU ). They reported that
the overall unit efficiency (ηFTU ) is more-accurate-to-measure,
since it only depends on the fan and turbine inlet enthalpies and
the outlet pressures, and thus, the effects by heat conduction and
convection are reduced. The fan power (η f an) is more-accurate to
measure, since velocities (and thus heat transfer coefficients) and
the area-to-volume ratios are reduced, compared to the turbine
side. The CFD results and the corrected power and efficiency
show good correlation. Corrected efficiencies of 38 % to 40 %
were reported, whereas the efficiencies predicted by the CFD
simulations range are from 36 % to 43 %.
Water vapor (NP): The turbine was characterized at its nomi-
nal point with water vapor at 175 krpm at an oven temperature,
similar to the hot air tests (180 ◦C) and using the �1.5 mm ther-
mocouples, instead of the �0.15 mm one (leakage and mechan-
ical constraints). The heat conduction effects were minimized,
by adjusting the turbine inlet temperature (211 ◦C) in such way,
that the turbine outlet temperature (182 ◦C, Table 3) is slightly
above the oven temperature. Similarly, the fan inlet temperature
(157 ◦C) was adjusted in such way that the fan outlet temperature
(181 ◦C) was slightly above the oven temperature. Here, the fan
fluid was the heat sink for the bearing losses. Additionally, due
to the reduced viscosity of water vapor, the estimated losses are
lower (12 W), compared to hot air case (19 W), which is benefi-
cial for more-accurate measurements. For a reaction of 15 %, a
pressure ratio of 2, and a mass flow rate of 2.3 kgh−1, the turbine
yielded 34 W at an efficiency of 37 %, which correlates to the an-
alytical and steady single passage CFD predictions (Table 4). Ta-
ble 4 also lists the results of the transient CFD simulation, which
are comparable to the steady one. However, the turbine reaction
(0.20) is closer to the experimental result (0.15).

COMPARISON OF THE EXPERIMENTAL RESULTS TO-
WARDS ANALYTICAL MODELS

For the turbine pre-design, zero and one-dimensional mod-
els are essential to obtain the baseline geometry.
Zero-dimensional model: Figure 6 shows the experimental re-
sults for the nominal point with steam. The total inlet pressure is
2 bar, the total inlet temperature is 211 ◦C, the static outlet pres-
sure is 0.97 bar, and the rotational speed is 175 krpm. The spe-
cific speed and the specific diameter

ns = ω

√
V̇7

∆h0.75
is,tst

(15)

ds = d4
∆h0.25

is,tst√
V̇7

(16)

(17)

13 Copyright c© 2020 by ASME



TABLE 4. Comparison of the nominal steam turbine characteris-
tic (mass flow rate, reaction, power, and total-to-static isentropic effi-
ciency), determined with an experiment, with zero-dimensional similar-
ity concepts by Balje, with one-dimensional loss correlations by Soder-
berg, and with a single passage (SP) steady and transient CFD simula-
tion. The total inlet temperature is 211 ◦C, the total-to-static pressure
ratio is 2, the ambient pressure is 0.97 bar, and the rotational speed is
175 krpm (blue down-pointing triangle in Figure 6).

Mass flow Reac- Power Eff.

Nominal point rate in kgh−1 tion in W in %

Exp. 2.28 0.15 33.5 37.3

Exp. (corrected) 2.28 0.15 37.8 42

Balje [17] 2.28a - 35.7 39.8

Soderberg [18] 2.28a - 35.5 40

SP CFD (steady) 1.92 0.22 31.2 41.1

SP CFD (trans.) 1.92 0.20b 31.2c 41.1

a The measured discharge coefficient (CD = 0.86) was assumed,
which might not be known a-priori b Averaged value over one
blade passing period (0.169 to 0.234) c Averaged value over
one blade passing period (27.7 W to 34.7 W)

can be determined to 0.09 and 8, respectively, using the angular
speed (ω), the volume flow rate at the rotor TE (V̇7), the total-
to-static isentropic specific enthalpy difference (∆his,tst ), and the
turbine tip diameter (d4). According to the similarity concepts
by Balje [17] (figure 5.44 for partial-admission turbines with low
reaction), based on the specific speed and specific diameter, the
total-to-static isentropic efficiency is 63.5 %. The blade tip clear-
ance to blade height ratio in Balje’s figure 5.44 is 0.02, but it is
0.244 for the actual manufactured and tested turbine. For such a
high ratio, Balje suggests multiplying the efficiency with a cor-
rection factor (1.025− 0.10

0.08 0.244, figure 5.31 based on ns = 0.08)
of 0.72, resulting in an isentropic efficiency of 45.7 %. Addi-
tional losses occur due to the thick TE and LE to blade height
ratio of 0.15. Balje suggests a correction of 0.87 (1.02−1 ·0.15,
figure 5.32 based on ns = 0.08) for thick blade edges, which re-
sults in an isentropic efficiency of 39.8 % that is on the order of
the experimental value of 37.3 % (Table 4).
One-dimensional model: Soderberg [18] describes a loss corre-
lation for turbines at optimal load coefficient according to the
Zweifel criterion [26] at zero incidence, a Reynolds number
based on the hydraulic diameter of the throat section (Redhyd ) of
105, an aspect ratio defined with the blade height and the radial
blade chord ( H

r7−r8
) of three, a maximum blade thickness to ra-

dial chord ratio ( tmax
r7−r8

) of 0.2, and a deflection lower than 120◦.

The “nominal” loss coefficient,

ζ = 0.04+0.06

(
π

2 −α7 +
π

2 −α8

π
100
180

)2

(18)

is a function of the blade deflection. If the aspect ratio or the
Reynolds number differ from the conditions above, Soderberg
provides a correlation to adapt the nominal loss coefficient for
both rotor and stator.

ζstator = 1− (1+ζ )

(
0.993+0.021

r7 − r8

H

)(
105

Redhyd

)0.25

(19)

ζrotor = 1− (1+ζ )

(
0.975+0.075

r7 − r8

H

)(
105

Redhyd

)0.25

(20)

The Reynolds number (Redh ) definition is based on the hydraulic
diameter (dh). This hydraulic diameter of the throat section at the
rotor TE is based on the channel depth ( πd8

zrotor
cosβ8,blade) and the

rotor blade height (H8).

dhyd =
2 πd8

zrotor
cosβ8,bladeH8

πd8
zrotor

cosβ8,blade +H8
(21)

The total-to-static isentropic efficiency is thus a function of
eq. (19) and eq. (20), as well as the turbine total-to-total specific
enthalpy difference (∆htt ).

ηis,tst =
1

1+ 1
2∆htt

(
ζrotorw2

8 +ζstatorc2
7 + c2

8

) (22)

Using an iterative procedure based on the mean-line analysis to
determine the input parameters (Redh , ∆htt , w8, c7, and c8) and
the correlations from Soderberg, the total-to-static isentropic ef-
ficiency is determined to be 40 %, indicating good accuracy (Ta-
ble 4).
Therefore, the authors conclude that the zero-dimensional sim-
ilarity concepts by Balje [17] with the blade tip clearance and
blade edge corrections and the one-dimensional loss correlations
by Soderberg [18] with Reynolds number and blade height cor-
rections are both viable for this specific micro steam turbine pre-
design based on similarity concepts and the mean-line analysis,
respectively. However, the turbine discharge coefficient (CD) has
to be estimated a priori. The CD value was 0.86 for the experi-
ment at the nominal point with steam.
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CONCLUSION
An extensive literature review demonstrated a lack of: (1)

Experimental realization and characterization of a micro steam
turbine, (2) a reliable test procedure to measure power and
efficiency of micro turbines based on inlet and outlet enthalpies,
and (3) a validation of simple zero- and one-dimensional models
for micro (steam) turbines. All three aspects were addressed in
this paper.

(1) A micro steam turbine with a tip diameter of 15 mm was
designed and experimentally characterized. The steam turbine is
conceived as a radial-inflow, low-reaction (15 %), and partial ad-
mission (21 %) machine with 59 blades (blade height of 0.6 mm
and radial chord length of 1 mm). At the nominal mass flow rate
and total-to-total pressure ratio of 2.3 kgh−1 and 2, respectively,
the turbine yields a power of 34 W and a total-to-static isentropic
efficiency of 37 %. Steady and transient single passage CFD sim-
ulation showed good correlation with the measurements.
(2) A conventional measurement setup with �1.5 mm thermo-
couples (installed 135-times and 80-times of the blade radial
chord length of 1 mm downstream and upstream of the rotor,
respectively) and a novel setup with �0.15 mm thermocouples
(installed 3-times and 8-times downstream and upstream, respec-
tively) was compared. The comparison indicated, that the most-
accurate measurements were obtained, if the turbine inlet tem-
perature was adjusted in such way, that the turbine outlet temper-
ature corresponded to the surrounding temperature. Additionally,
a heat sink for the bearing losses (35 % of the turbine power at
nominal conditions) can further enhance the experimental mea-
surements. The measurement setup for water vapor was found to
be more accurate than for the hot air setup due to: (1) lower vis-
cosity of water vapor, and thus reduced bearing losses, (2) higher
heat capacity of steam, and thus higher capacity to heat the outlet
side test section, and (3) nominal operation of the turbine rotor
for the case with steam, and thus reduced losses.
(3) Zero-dimensional similarity concepts by Balje with blade
tip clearance and blade edge corrections and one-dimensional
loss correlations by Soderberg with Reynolds number and blade
height corrections, both showed accurate predictions (40 %) with
respects to the measurements (37 %) and the steady single pas-
sage CFD simulation (41 %). The authors, therefore, conclude,
that the pre-design correlations by Balje, as well as the mean-line
model by Soderberg and the CFD simulation, are valid for this
specific micro steam turbine design procedure and simulation at
the nominal conditions, respectively.

APPENDIX
Figure 7 a) shows the turbine inlet measurement section and

b) the turbine outlet measurement section.
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FIGURE 7. Turbine a) inlet and b) outlet measurement sections, each
equipped with two �1.5 mm thermocouples and four static pressure
measurement taps (pneumatically-averaged). The flow direction (blue
arrow) and the gravitational direction (black arrow) are indicated. The
zoom of Figure 3 is indicated with a black rectangle in b) on the bottom.
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