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In compressor design, a convenient way to save time is to
scale an existing geometry to required specifications, rather
than development of a new design. The approach works well
when scaling compressors to similar size at high Reynolds
numbers but becomes more complex when applied to small
scale machines. Besides the well understood increase in sur-
face friction due to increased relative surface roughness, two
other main problems specific to small scale turbomachinery
can be specified:

1. The Reynolds number effect, describing the non linear
dependency of surface friction on Reynolds number.

2. Increased relative tip clearance resulting from manufac-
turing limitations.

This paper investigates the role of both effects in a geometric
scaling process, as used by a designer. The work is based on
numerical models derived from an experimentally validated
geometry.
Firstly, effects of geometric scaling on compressor perfor-
mance are assessed analytically.
Secondly, prediction capabilities of reduced order models
from the public domain are assessed and an alternative
model developed by the authors is presented. In addition to
design point assessment, often found in other publications,
the models are tested at off-design.
Thirdly, the impact of tip leakage on compressor perfor-
mance and its Reynolds number dependency is assessed.
Here, geometries of different scale and with different tip
clearances are investigated numerically.
Fourthly, a detailed investigation regarding tip leakage driv-
ing mechanisms is carried out and design recommendations
to improve small scale compressor performance are provided
Finally, an exemplary scaling procedure as carried out by a
designer is presented and discussed.

Nomenclature

Latin Symbols

A Reynolds number independent losses [-]
a Speed of sound [m/s]
B Reynolds number dependent losses [-]
BL Blade loading parameter [-]
C Parameter for shift in flow coefficient [-]
c Absoulte velocity [m/s]
d Diameter [m]
DR Diffusion ratio ( w1

w ) [-]
e Energy [J/kg]
f Darcy-Weissbach friction factor [-]
∆ h Enthalpy difference [J/kg]
l Length [m]
ṁ Mass flow rate [kg/s]
Ma Mach number [-]
n Rotational speed [1/s]
r Radius [m]
Re Reynolds number [-]
P Power [W]
∆S Relative standard deviation [%]
St Strouhal number [-]
u Rotational velocity [m/s]
w Relative velocity [m/s]
y Polytropic head [J/kg]



Greek Symbols

α Coefficient in Eq. 7 [-]
φ Flow coefficient [m/s]
η Efficiency [-]
λ Work input coefficient [-]
ν Kinematic viscosity [m2/s]
Π Pressure ratio [-]
ρ Density [kg/m3]
ψ Head coefficient [-]
ω Angular velocity [rad/s]

Subscripts

1 Leading edge of impeller
2 Trailing edge of impeller
char Characteristic
Cl Clearance
kin Kinematic
m radial/meridional direction
pol Polytropic
ref Reference/Datum case
t Total condition

1 Introduction
Radial turbo compressors are used in a broad variety

of applications ranging from large scale machines of several
megawatts to micro compressors of a few kilowatts. The de-
velopment of new machines can be a lengthy, iterative and
time consuming process. A more economical way for the
designer is to use existing geometries and scale them to the
required specifications. This method is based on the idea of
similarity, meaning that machines of similar geometry, op-
erating at comparable thermodynamic, kinematic and fluid
dynamic conditions behave in the same way. The scaling
approach works well for large scale machines, where feature
size like surface roughness or tip clearance is small relative to
overall compressor size and can thus be assumed constant. In
general, large scale machines operate at high Reynolds num-
bers and consequently in the fully turbulent regime, where
surface friction can be assumed Reynolds number indepen-
dent. For small geometrical scale machines however, spe-
cial attention has to be given to maintenance of geometric
and fluid dynamic similarity. Regarding geometric similar-
ity, change of relative roughness and tip clearance cannot be
neglected any more. Regarding fluid dynamic similarity, the
Reynolds number effect has to be accounted for. This effect
describes the non linear dependency of surface friction on
Reynolds number.
Advancements in dynamic gas bearing technology [1, 2],
made it possible to realise small scale turbomachines which
operate in such regimes. One field of application is domes-
tic heating, where Schiffmann [3–5] showed that turbo com-
pressors can provide superior heat pump performance com-
pared to state of the art technology such as scroll, screw or
piston compressors.

In order give orientation to designers of small geometry tur-
bomachines operating at low turbulent Reynolds numbers,
this paper investigates methodologies to account for both, the
Reynolds number effect and increased relative tip clearance.
The change of relative surface roughness has been excluded
from this investigation as it mainly depends on the manufac-
turing process and has been well investigated, for example
by Moody [6].
Compressor performance can be fully described in nondi-
mensional form by the flow coefficient together with two of
the three parameters head coefficient, work coefficient and
efficiency. For given performance requirements, such as a
fixed head, geometric scaling alters efficiency and flow co-
efficient. Several approaches to predict scaled machine per-
formance can be found in the public domain. Moody [6, 7]
provided a simple, empirical and geometry dependent pre-
diction model for efficiency. As the model does not include
the Reynolds number itself, its capabilities are limited. Ack-
eret and Medici [8] provided an empirical, Reynolds number
dependent model to predict efficiency, which is widely used
in industry. The model is highly dependent on empirical fac-
tors and good accuracy cannot be achieved without previous
knowledge about them. Dietmann [9] provided an empirical
model based on the flat plate friction approach to turboma-
chinery of Casey and Robinson [10]. The model allows an
estimation of efficiency as well as shift in flow coefficient
and provides good accuracy.
All models found in literature work with efficiency to esti-
mate scaled compressor performance for a given head. An
alternative approach using the work coefficient is demon-
strated in this paper. Model assessments found in the public
domain are mostly constrained to the design point. This work
additionally determines their off-design capabilities. The
models presented above do not provide any detailed informa-
tion about how to improve scaled compressor performance
to the designer. This investigation includes a study about
tip clearance loss and clarifies its impact on scaled compres-
sor performance, more specifically whether it can be treated
as Reynolds number independent loss. Furthermore, sugges-
tions on how to alter scaled compressor geometry to improve
performance are made. The investigation uses an experimen-
tally validated numerical approach and attempts to answer
the following research questions:

1. How does geometric scaling affect compressor perfor-
mance?

2. How good is the quality of existing models in the
regime of low turbulent Reynolds numbers?

3. Can tip leakage be treated as Reynolds number inde-
pendent loss?

4. How can a designer adapt a down-scaled compressor ge-
ometry with large relative tip clearance to improve per-
formance?



2 Similarity parameters
Compressor scaling is based on the idea that machines

operating at similar thermodynamic, kinematic and fluid dy-
namic conditions behave in the same way. This section in-
troduces different nondimensional numbers describing these
similarity concepts, frames the region of interest of this paper
and provides first answers regarding performance alterations
at different geometric scale.

Thermodynamic similarity is described by the Mach num-
ber. It is defined as the ratio between flow velocity and speed
of sound, as shown in Eq. 1a. For centrifugal compressors,
the tip speed Mach number specified in Eq. 1b is used. It
describes the ratio between the rotor outlet tip speed and the
speed of sound at inlet total conditions.

a: Ma =
c
a

b: Mau2 =
u2

at1
(1)

Kinematic similarity is described by two conditions, the ra-
tio of pressure to inertial forces and the similarity of motion.
The force ratio can be expressed by two nondimensional
numbers, namely the work coefficient, shown in Eq. 2a or
the head coefficient, shown in Eq. 2b.

a: λ =
∆ht

u2
2

b: ψpol =
y
u2

2
(2)

Similarity of motion is expressed by the flow coefficient as
defined in Eq. 3a. It is a derivative of the Strouhal number
specified in Eq. 3b, which provides a ratio between velocity,
size and time. In radial turbomachinery, the global flow co-
efficient given in Eq. 3c is used. It represents a ratio between
compressor mass flow and a virtual mass flow calculated via
inlet total density, outlet tip velocity and outlet diameter.

a: φ =
cm

u
=

cm

ωr
b:

1
St

=
c
nl

c: φt1 =
ṁ

ρt1u2d2
2

(3)

Fluid dynamic similarity is maintained if the machine op-
erates at the same Reynolds number, defined in Eq. 4. It
provides a relation between inertial and frictional forces and
consequently describes the flow regime, for example pres-
ence of laminar or turbulent flow.

Re =
cl
ν

(4)

Following the outlines given in the introduction, the type of
machines subject to this investigation operate in the turbulent
regime, where frictional forces are no longer independent of
Reynolds number.

The actual meaning of these conditions can best be explained
by the friction diagram shown in Fig. 1. The graph shows the
correlation between surface friction, expressed by the Darcy
friction factor f and the Reynolds number Re for different
values of relative surface roughness Ra/c. Lines of constant
relative surface roughness were obtained, using the exper-
imentally validated formulae of Casey and Robinson [10],
who adapted Gülich’s [11] flat plate analogy model to turbo-
machinery. They are shown as coloured lines in Fig. 1.
The approximate limit between laminar and turbulent flow
is marked with a dashed red line. The dashed blue curve
approximately separates the turbulent region into two parts.
For high Reynolds numbers, to the right of the blue line, the
relation between Reynolds number and surface friction can
be assumed constant, with different fix values for a given rel-
ative surface roughnesses. This is the region where Reynolds
effects can be neglected. In the region left of the blue line,
the relation between Reynolds number and surface friction is
not constant and needs to be accounted for during the design
procedure.

Fig. 1. Moody diagram [6] Red line: Separation between laminar
and turbulent flow Blue line: Qualitative separation between Re
dependent and Re independent friction factor Black points: Com-
pressor operating points in real machine Red points: Compressor
operating points idealised with smooth wall

This is the region of interest for this paper. For the following
investigation, it has been covered with compressor models of
different geometric scale. In reality, assuming best point op-
eration, those machines would operate at conditions marked
with black dots in Fig. 1. As outlined in the introduction, this
work neglects the effect of relative surface roughness and as-
sumes ideal, smooth walls. The resulting conditions for the
numerical models are marked with red diamonds and will be
explained in section 4.
Regarding the research question on how geometric scaling



affects compressor performance, the following answer can
be given:
Due to the Reynolds number effect, surface friction increases
with reduction in geometrical size. Consequently, friction re-
lated losses increase, reducing compressor performance. In
other words, a geometrically similar machine at small scale
will yield lower performance.
This effect gets amplified by increased relative surface
roughness.

3 Tip leakage
Leakage of fluid across the clearance between blade and

housing of a compressor is a pressure driven process and one
major source of loss [12]. A schematic of the flow structure
in the tip region is provided in Fig. 2. Low kinetic energy
fluid is pushed up the pressure side of the blade towards the
tip gap. If the corner of the tip gap is sharp, flow entering the
gap separates on the blade tip. It forms a vena contracta and
reduces the free flow area in the gap. Depending on the width
of the blade, the flow in the gap can reattach after the sepa-
ration bubble. High kinetic energy flow exits on the blade
suction side in form of a jet.

Fig. 2. Schematic of tip leakage flow across a blade [13]

Following Senoo and Ishida’s [12] argumentation, loss gen-
erated from the tip gap itself can be accounted for using a
simplified nozzle analogy. They assume that all kinetic en-
ergy in the clearance flow is lost. Tip leakage loss can conse-
quently be expressed as a function of leakage mass flow and
dynamic head at the exit of the tip clearance, as specified in
Eq. 5 [12].

PCl = ṁekin,Cl = ṁCl
w2

Cl
2

(5)

In addition to the kinetic energy loss of the tip jet, several
other loss mechanisms are indirectly associated with tip leak-
age. Firstly, the tip gap is located between the blade tip and
the compressor casing. Consequently, tip leakage flow will
inevitably interact with the shroud endwall boundary layer.

Secondly, the jet exiting the tip gap will interact and mix
with the main passage flow. Both, endwall boundary layer
and free shear mixing are Reynolds number dependent [14].
It is mainly due to these two loss mechanisms that the ques-
tion arises whether the performance penalty due to tip leak-
age can be considered Reynolds number independent or not
and how a designer can account for it.
Regarding the research question on how geometric scaling
affects compressor performance, the following answer can
be given:
Due to manufacturing limitations, the size of the tip gap rel-
ative to the compressor wheel increases. As a consequence,
more fluid leaks across the blade, negatively affecting com-
pressor performance.

4 Test setup
The work for this paper required several geometrically

scaled compressors which were investigated numerically us-
ing 3D models for the impeller and the vaneless diffuser. A
baseline geometry was defined and numerical simulations for
this case were validated using experimental data available to
the authors. Three scaled geometries were derived from the
baseline case. Scaling factors were chosen to cover the non-
linear turbulent range of Reynolds numbers. The test cases
are displayed as red diamonds in Fig. 1. In order to cancel
out the change in relative surface roughness with geometri-
cal scaling, hydraulically smooth walls were set for all nu-
merical cases. For the Reynolds number effect investigation,
four models at different geometrical scale and constant rel-
ative tip clearance of 5% were used. For the tip clearance
investigation, each of the scaled geometries was investigated
with five clearance ratios, namely 3%, 5%, 7.5%, 10% and
15%. Tip clearance was adjusted adapting blade height and
keeping shroud endwall shape. For validation purposes, the
numerical model was completed using reduced order models
for the volute and disk friction so that comparison with ex-
perimental data was possible. As the study focused on geom-
etry variations in the impeller, volute performance and disc
friction were excluded from the study.

4.1 Research compressor and experimental setup
The baseline geometry was originally designed as a

turbo compressor for heat pump applications running on
R134a as working fluid. Details about its geometry and non-
dimensional design parameters were listed together with ref-
erence conditions and probe accuracy in Table 1. More de-
tails about the compressor and its experimental investigation
can be found in publications by Schiffmann [3–5].
The compressor featured an unshrouded rotor in combina-
tion with a shroud tapered, vaneless diffuser without pinch
and a volute with rectangular cross section. The impeller had
9 splitter bladed passages with backswept blades. Nominal
tip clearance at trailing edge was 50µm, which equaled 5%
relative clearance. At a design flow coefficient of 0.065, the
compressor rotated at 180000 rpm, achieved a total pressure
ratio of 2.3 and an polytropic efficiency of 78.7%. Further



Table 1. Key parameters for reference conditions, compressor ge-
ometry and operating conditions as well as measurement accuracy

Working fluid [ - ] R134a

Inlet

reference conditions

Temperature Tt1re f [ K ] 261.71

Pressure pt1re f [ kPa ] 155.85

Baseline

compressor geometry

Main / Splitter blades [ - ] 9 + 9

Absolute tip clearance [µm] 50.

Relative tip clearance [ % ] 5.

Outlet blade angle β
′
2 [ ◦ ] -50.

Design conditions

Rotational speed n [krpm] 180.

Total pressure ratio πttopt [ - ] 2.3

Flow coefficient φt1opt [ - ] 0.065

Work coefficient λopt [ - ] 0.61

Head coefficient ψpopt [ - ] 0.48

Total polytropic efficiency ηpttopt [ - ] 0.787

Reynolds number Re [ - ]∗105 8.66

Tip speed Mach number Mu2 [ - ] 1.27

Probe calibration errors

Thermocouples [ K ] ± 0.2

Pressure transducers [ kPa ] ± 2.

details on design and operation of the research compressor
running on dynamic gas bearings were provided by Schiff-
mann [4].
Experimental results were obtained on a fully hermetic test
rig [3]. Operating conditions were controlled by a down-
stream expansion valve. Mass flow was measured by a Cori-
olis mass flow meter. Overall performance was measured
via total pressure and temperature probes located up- and
downstream of the compressor. Shaft speed was measured
via a trigger signal on the rotor. Total inlet conditions were
kept constant at the values provided in Table 1. Temperature
probes and pressure transducers were calibrated to the values
listed in Table 1.

4.2 Virtual modelling
The investigations subject to this study were carried out

using virtual models. In order to achieve the best tradeoff be-
tween computation time and accuracy, a composite approach
was chosen. For each model, the region of interest, namely

the impeller and the diffuser were realised as a 3D numer-
ical model. More specifically, a single main passage of the
impeller and the diffuser, corresponding to a 40◦ annular sec-
tion was chosen to limit mesh size. To achieve comparability
with experimental data, the 3D model was combined with a
reduced order volute model by Japikse [15] and a reduced
order disk friction model by Daily and Nece [16, 17].
3D simulations were performed using Numeca’s multi grid
solver Fine/Turbo [18] in combination with interpolated ta-
bles to obtain the thermodynamic properties of the working
fluid.
For the mesh of the splitter bladed passage, an H-I topology
was used. Due to the low kinematic viscosity, high density
working fluid, a mesh size of eight million grid points was
necessary to obtain nondimensional wall distances of the first
grid points to the wall lower than five. In this way, it was
ensured that the first grid points were still located within the
linear sublayer whilst maintaining limited mesh size for com-
putation speed.
All end walls were set to hydraulically smooth walls to
achieve constant frictional forces. In this way, geometrical
scaling resulted in a variation of inertial forces only, reduc-
ing the influence parameters on Reynolds number to one.
Mesh resolution in the tip gap was set to 25 cells in span-
wise direction, which sufficed to obtain grid independency.
During the scaling procedure, tip gap mesh resolution was
altered, maintaining mesh quality in terms of orthogonality,
expansion- and aspect ratio as well as non dimensional wall
distance. All walls in the numerical domain were treated as
adiabatic no slip walls.
Turbulence was modelled using a low Reynolds number
shear stress transport approach. Turbulent kinetic energy was
determined assuming constant turbulence of 5%. Turbulence
dissipation rate was calculated assuming a fixed turbulent
viscosity ratio of 50, as proposed by Numeca [18]. Similar
values of turbulence dissipation rate were calculated from an
estimated turbulence length scale by the authors.
Inlet boundary conditions were set via total pressure and to-
tal temperature. Exit boundary conditions were specified by
area averaged static pressure.
Convergence was determined by Numeca’s global residuum,
the total pressure ratio and the total-total polytropic effi-
ciency. Furthermore, mass conservation was taken into ac-
count. More specifically, solutions with a mass flow differ-
ence less than 0.5% between inlet and outlet and stable val-
ues in pressure ratio as well as efficiency were considered
converged. Convergence was achieved after approximately
1000 iterations close to design conditions and 1300 itera-
tions at part load. Sufficient convergence at part load could
be achieved up to around 80% design flow rate. Operating
points at lower flow rates showed periodic fluctuations in the
residuum, indicating high levels of unsteadiness. Adaptions
to the exit boundary condition or time resolved calculations
could have improved convergence at low flow but were not
realised in this investigation.



4.2.1 Validation
Result quality was determined by comparison to experi-

mentally obtained performance data. Fig. 3 shows compres-
sor performance at design speed. Graph a shows total-total
polytropic head over non-dimensional mass flow. Graph b
shows the work input coefficient and graph c the total-total
polytropic efficiency. Experimental data is shown as black
dots, results from the virtual model are shown as red line
with diamonds.
As can be seen from graph b, good agreement between exper-
iment and virtual model was achieved in terms of work coef-
ficient over the operating range. In general, the virtual model
provided marginally higher work input. Reasons could be a
deviation in numerically predicted secondary flows or heat
transfer in the experiment. At maximum flow rate, the virtual
model deviates from the experiment. This can be explained
by the influence of manufacturing tolerances and will be dis-
cussed in more detail below.
The polytropic total head coefficient shown in graph a shows
good qualitative agreement. However, numerically obtained
values are consistently higher. A contributor to the deviation
could be the under-prediction of blockage in the rotor pas-
sage, leading to increased diffusion and consequently higher
head. Reduced numerical blockage can source from the sim-
plification of hydraulically smooth walls. Another contrib-
utor could be altered turbulence dissipation relative to real
conditions, leading to faster mixing and decay of secondary
flows in the simulation. Furthermore, inaccuracies in the re-
duced order volute model could contribute to deviations be-
tween model and experiment.
Polytropic total-total efficiency, shown in graph c, presents
the product of head and work coefficient. As a result, the nu-
merically obtained efficiency yields marginally higher over
the operating range, with a strong deterioration at choke.
Qualitatively, the location of peak efficiency could be repro-
duced by the virtual model.
As shown in Fig. 3, simulation and experiment feature a
significant deviation around choke. This behaviour sources
from manufacturing variations. Small errors during the flank
milling process of impeller blades lead to errors in rotor
throat area. As a consequence, the machine chokes at dif-
ferent flow rate. In order to quantify this effect, an approach
by Lüdtke [19] was used and a possible difference of 2% in
throat area relative to the ideal was determined. Correspond-
ingly, a ± 2% error band for choking mass flow was marked
as black dashed vertical lines in Fig. 3. As can be seen , the
deviation between simulation and experiment lies within this
band. As a consequence, the choke region has been excluded
from the validation.
For the remaining characteristic, the virtual model provides
sufficient accuracy and can be taken as validated.

4.3 Scaled compressor models
The experimentally validated baseline compressor was

scaled to three sizes, covering the region of transient
Reynolds numbers, as indicated by the red diamonds in Fig.
1. Main similarity parameters for the test cases are listed in

Fig. 3. Validation of CFD data with experimental data at design
speed showing total-total polytropic head coefficient (a), work input
coefficient (b) and total-total polytropic efficiency (c) over the relative
mass flow rate.

Table 2. Thermodynamic similarity was maintained, fixing
tip speed Mach number. Different Reynolds numbers could
then be achieved through varitation of rotational speed.
Fixed tip speed Mach number together with a fixed total to
static pressure rise led to a constant total-total polytropic
head coefficient for all models. To illustrate this, head rise
was plotted over total to static pressure rise in Fig. 4, sug-
gesting kinematic similarity. Case A is shown as green stars,
baseline case B as black dots, case C as red crosses and case
D as blue diamonds. This convention is maintained through-
out this paper. In addition, the design point was marked
as dashed vertical line. Note that the compressor operated



Table 2. Scaling factor and resulting motor speeds of the scaled
compressor geometries

Test case A B C D

Geometric scale [-] 0.75 1. 2. 4.

Relative tip gap [%] 5 5 5 5

n [krpm] 240 180 90 45

Mu2 [-] 1.27 1.27 1.27 1.27

Design point Re [-]∗105 6.47 8.66 17.9 35.2

closer to choke at low pressure ratios to the left and towards
surge for high pressure ratios to the right in the figure.

Fig. 4. Total-total polytropic head coefficient as function of the total-
static pressure ratio

A work coefficient analysis, shown in Fig. 5 indicated a de-
crease in work input with increased geometric scale. Con-
sequently, larger scale compressors yield higher efficiency.
This behaviour is related to the Reynolds number effect and
the shift in design flow coefficient, which will be discussed
in section 5.

4.4 Tip clearance variation
Models to investigate the influence of tip clearance alter-

ation on performance of differently scaled compressors were
generated. Clearance size was varied to 3.5%, 5% , 7.5%,
10% and 15% for all four test cases.

Fig. 5. Work coefficient as function of the total-static pressure ratio

5 Compressor performance at different geometric scale
In order to investigate the impact of geometric scaling

on compressor performance, geometries A to D with base-
line tip gap were analysed.
A performance comparison based on head, work coefficient
and efficiency is provided in Fig. 6 to Fig. 8. All figures
show parameters over the global flow coefficient at nominal
speed.
Fig. 6 shows the total-total polytropic head coefficient, con-
firming that all cases feature the same slope. The curve gets
shifted towards higher flow coefficients with increased geo-
metrical scale. It becomes obvious that, if two identical com-
pressors of different scale are operated with the same head,
the larger compressor operates at a higher flow rate.
Fig. 7 shows the work coefficient. Here, the curves are virtu-
ally identical for all sizes. This corresponds to the expected
behaviour as the work coefficient is mainly dependent on
blade outlet angle, a geometry feature which was held con-
stant.
Figure 8 shows the total-total polytropic efficiency. The
curves show qualitatively similar characteristics, with a clear
shift to higher efficiency and flow rate with increased scale.
To better illustrate this behaviour, the best efficiency points
were connected with a bold red line.
The observed loss in efficiency of small geometries is associ-
ated entirely to the Reynolds number effect described in sec-
tion 2. Note that the numerical results presented here assume
hydraulically smooth walls and a change in relative rough-
ness did not get depicted. In reality, the increase in relative
surface roughness with reduced scale adds to an increase in
friction factor and loss.



The shift in design point to lower flow coefficients with re-
duction in size is indirectly related to the Reynolds num-
ber effect. As the impact of frictional forces increases, so
does the impact of boundary layers, leading to an increased
level of blockage. As a consequence, design conditions are
reached at lower flow coefficients.
Regarding the research question on how geometric scaling
affects compressor performance, the following answer can
be given:
Down-scaling a compressor leads to a deterioration in effi-
ciency and a shift of flow coefficient towards smaller flow
rates. In order to accurately predict the performance of a ge-
ometrically scaled compressor with a reduced order model,
both, efficiency change and shift of flow coefficient have to
be included. Approaches available in the public domain, to-
gether with an alternative model by the authors are presented
in the next section.

Fig. 6. Total-total polytropic head coefficient of numerical models as
function global flow coefficient at design speed

6 Scaled performance prediction models
The phenomenon of reduced performance of radial com-

pressors operating at low turbulent Reynolds numbers, has
been addressed by several authors.
One of the first approaches documented in the public domain
is the empirical model by Moody [6,7]. He provided the cor-
rection formula presented in Eq. 6, which correlates scaled
machine efficiency to a reference machine via a geometry
dependent correction factor. This factor is dependent on the
ratio of Reynolds numbers. Assuming the same kinematic

Fig. 7. Work coefficient of numerical models as function global flow
coefficient at design speed

viscosity and tip speed, the Reynolds number ratio reduces
to the ratio of wheel outlet diameters, as shown in Eq. 6.
Moody assumes that all occurring losses are Reynolds num-
ber dependent. Furthermore, he does not consider the shift
in flow coefficient, observed in Fig. 8.

1−η

1−ηref
=

(
d2,ref

d2

)0.25

(6)

Ackeret and Medici [8] provided an empirical approach
which was described in detail by Pfleiderer and Petermann
[20]. Their model is described in Eq. 7. In the same way as
Moody, they calculated the Reynolds number using the com-
pressor outlet diameter as characteristic length and compres-
sor outlet tip speed as characteristic velocity. Their model is
based on the idea that losses in a turbomachine can be split
up into Reynolds number independent and dependent losses.
In Eq. 7, parameter B describes the Reynolds number de-
pendent losses. According to Pfleiderer and Petermann [20],
parameter B should be chosen between 0.5 and 0.7 and pa-
rameter α between 4 and 7. Since those parameters strongly
depend on the machine type and are unknown in advance,
this model requires preliminary information to make a sensi-
ble choice. Furthermore, the model does not account for the
shift in flow coefficient due to altered geometrical size.

1−η

1−ηref
= (1−B)+B

(
Red2,ref

Red2

) 1
α

(7)



Fig. 8. Total-total polytropic efficiency of numerical models as func-
tion global flow coefficient at design speed

The most recent approach to model the Reynolds number
effect was presented by Casey and Robinson [10] and fur-
ther improved by Dietmann [9]. Whilst keeping the ap-
proach to separate Reynolds number dependent and indepen-
dent losses, the difference to Ackeret’s and Medici’s [8] pro-
cedure is that their analogy model for friction is a flat plate
case, rather than a pipe flow case. Dietmann suggests to use
mass averaged relative velocity at impeller leading edge as
characteristic velocity and the arithmetic average of impeller
chord length at hub and shroud as characteristic length to
calculate Reynolds number. He contributed correction for-
mulas for the change of polytropic efficiency and global flow
coefficient, shown in Eq. 8 and 9. The correction proce-
dure is based on the friction coefficient determination after
Gülich’s [11] flat plate analogy model. Dietmann matched
the model to turbomachinery by defining meridional blade
length as characteristic length scale.

∆η =−Bref
∆ f
fref

Bref = 0.05+
0.002

φt1 ref +0.0025

(8)

∆φt1

φt1
=−Cref

∆ f
fref

Cref = 0.05+
0.000025

(φt1 ref +0.0025)2.45

(9)

An alternative approach to determine the change in perfor-
mance and flow coefficient during geometric scaling was in-
vestigated by the authors. Since the total-total head coeffi-
cient remains constant for a given total-static pressure ratio,
the change in efficiency depends merely on the change in
work input coefficient. This was shown in the previous sec-
tions and is expressed here in Eq. 10.

∆ηpol,tt =
ψpol,tt,scale

λscale
−

ψpol,tt,ref

λref
=

−ηpol,tt,ref
∆λ

λref +∆λ

(10)

With a similar approach to Dietmann’s [9], the work input
coefficient was modelled as shown in Eq. 11. Furthermore,
the Reynolds number was defined according to Dietmann’s
approach. Similar to the parameter Bref in Eq. 8, the pa-
rameter Eref in Eq. 11 represents the slope of a line drawn
through points of work coefficient over friction coefficient
for a specific operation point at different scale. Parameter
Eref was approximated by a fifth order polynomial fit as a
function of the global flow coefficient. The fitting function
was calibrated using numerical data obtained during this in-
vestigation.

∆λ =−Eref
∆ f
fref

Eref =−0.0045X5−0.0048X4 +0.0134X3

+0.0108X2 +0.0026X−0.0592

X =

(
φt1 ref−0.0663

0.007

)
(11)

The correction for the shift in global flow coefficient was
taken from Dietmann. However, the authors approximated
the parameter Cref by a 5th order polynomial fit as shown in
Eq. 12.

Cref = 0.0024X5−0.0061X4−0.0341X3

−0.0088X2−0.0059X +0.1174

X =

(
φt1 ref−0.0663

0.007

) (12)



It has to be noted, that the author’s correction formulae are
based on data that was available during this investigation.
Further testing with additional data is necessary to show uni-
versal validity.

6.1 Assessment of prediction models
The four above-introduced models were assessed using

baseline case B as input and cases A, C and D as output. The
predicted total-total polytropic efficiency was compared to
values obtained from the virtual model. In order to illustrate
Ackeret and Medici’s parameter dependency, two different
sets of B and α were used, representing the limits suggested
by Pfleiderer and Petermann [20]. In the first scenario, Pflei-
derer1, a value of 0.7 for B and 4 for α was selected. In the
second scenario, Pfleiderer2, B was set to 0.5 and α to 7.
The results are presented in Fig. 9, which shows total-total
polytropic efficiency over global flow coefficient. The top
graph shows Case A, the middle graph case C and the bot-
tom graph case D. Numerical results are presented as black
dots, Moodys scaling model is shown in green, Pfleiderers
model in blue, Casey and Dietmann in red and the authors
approach is shown in pink. The design point of case B was
marked as a vertical dashed line.
All models were capable to reproduce the numerically ob-
tained performance curve shape with deviations in magni-
tude and the location of peak efficiency.
Moody’s model showed a strong offset for all three cases,
under-predicting downscaled case A and over-predicting up-
scaled cases C and D. It becomes obvious that diameter ratio
to account for change in geometric scale is not sufficient. As
the model does not include a flow coefficient correction, the
shift in best efficiency point was not resolved.
Results for the two Pfleiderer cases illustrate the model’s
strong parameter dependency. Parameter set ”Pfleiderer2”
resulted in an increasing efficiency error with increased scal-
ing factor, with highest deviation for case D. The parameter
set ”Pfleiderer1” led to improved results. However, the trend
in efficiency error was inverted and led to an increasing ef-
ficiency under-prediction as scaling increased. The model
does not include a flow coefficient correction, hence the shift
in best efficiency point was not captured.
The correlation suggested by Dietmann showed good predic-
tion capabilities for all scales. Compared to the previously
discussed models, it provided superior accuracy, mainly due
to the calculation of Reynolds number with chord length as
characteristic length. Qualitatively, marginal gradient errors
at part load were observed, under-predicting the gradient for
up-scaled geometry, and over-predicting it for down-scaled
versions. One reason could be that Dietmann’s model was
designed for full compressor stages. Geometries used for
this investigation, only included rotor and vaneless diffuser,
neglecting rotationally asymmetric parts such as the volute.
Volutes can have a strong effect on efficiency and component
matching. Prediction capabilities for the change in peak effi-
ciency flow coefficient show a small but increasing deviation
from benchmark data, with a maximum in case D. One expla-
nation could be the calibration of Dietmann’s model on ex-

Fig. 9. Prediction quality of various correlations to account for
Reynolds number effect for a scaling factor of 0.75 (a), 2 (b) and
4 (c)

perimental data which included roughness. Numerical data
used for this study assumed idealised smooth walls. The re-
sulting reduced boundary layer growth and blockage, could
have been a contributor to deviation in peak efficiency flow
coefficient.
Correlations proposed by the authors showed the best agree-
ment in comparison to all three cases. The results were vir-
tually identical to Dietmann’s model at part load, with im-
proved accuracy for high flow rates.
In order to quantify reduced order modelling error, stan-
dard deviation of efficiency was calculated over the whole
compressor range. Where applicable, standard deviation of
global flow coefficient was calculated as well. The results



are presented in Table 3. They support above-discussed find-
ings and confirm superior accuracy of Dietmanns’ and the
authors’ models, which account for flow coefficient alter-
ation.

Table 3. Standard deviations of reduced-order models relative to
numerical model

Test case C D A

Model Parameter Std deviation

∆ S in %

Moody η 2.0 3.8 1.0

Pfleiderer1 η 0.5 0.6 0.2

Pfleiderer2 η 1.1 2.1 0.5

Dietmann η 0.3 0.3 0.1

φt1 0.9 1.2 0.6

Author η 0.3 0.2 0.1

φt1 0.2 0.3 0.3

Regarding quality of prediction models in the regime of low
turbulent Reynolds numbers, the following conclusion can
be drawn:
Comparison based on three geometrically scaled compres-
sors suggest that the author’s model together with Casey and
Dietmann’s approach allow the most accurate performance
prediction for scaled geometries. One large contributor to
their superior accuracy is the resolution of shift in flow coef-
ficient. Furthermore, usage of chord length based Reynolds
number adds to improved accuracy.

7 The impact of tip clearance on compressor perfor-
mance
The role of relative tip clearance in compressor perfor-

mance has been investigated using data of test cases A to D
at their peak efficiency points. Here, each geometry provided
the same head but operated at different flow coefficients. In
addition, baseline case B, was modified to have slip walls,
resulting in a separate case with no surface friction.
Total-total polytropic efficiency was calculated and plotted
over the friction coefficient in Fig. 10, marked as black di-
amonds. Note that physical size decreases with increasing
friction coefficient. The figure presents a loss breakdown
into Reynolds number dependent and independent losses.
More specifically, the distance between unity and efficiency
represents overall compressor losses. It can be separated into
Reynolds number independent loss A and Reynolds number
dependent loss B as outlined below:
Following Dietmann and Casey’s argumentation, the poly-
tropic efficiency is a linear function of surface friction. This
behaviour could be confirmed using best efficiency data of
cases A to D, which featured similar head, shown as black

diamonds in the figure. A fitted line through these points
allowed an estimation of Reynolds number independent loss
via its intersection point with the ordinate. In this case, it was
determined to 6.79 efficiency points. A dashed horizontal
line could then be placed through the intersection point, al-
lowing the above-mentioned separation into Reynolds num-
ber dependent and independent loss. This value was cross
checked using results of the slip wall case, marked as red
star in the figure. Here, performance penalty due to Reynolds
number independent loss was determined to 6.28 efficiency
points. The deviation of linear efficiency line method and
slip wall calculation was around 8%, which represents an ac-
ceptable value for such a coarse approximation.

∆ηCl =
PCl

P
=

PCl

ṁ∆ht
(13)

In a next step, clearance loss, as defined in Eq. 5 was deter-
mined. The results were normalised with overall compressor
power as shown in Eq. 13 and plotted into Fig. 10 as blue
dots. Featuring the same tip clearance of 5%, clearance loss
cost around 3 efficiency points for all sizes, which equaled to
a penalty of 0.6 performance points per percent clearance. A
cross check with tip clearance loss determined from the slip
wall calculation, shown as red circle, lead to the same value.
Standard deviation of the five cases was calculated to 0.44%,
implying Reynolds number and consequently size indepen-
dency of tip leakage loss. Furthermore, a split of Reynolds
number independent loss into tip leakage loss and loss sourc-
ing from other parts of the machine could be carried out. This
separation was visualised as dashed blue horizontal line in
Fig. 10. It becomes obvious that for this clearance and op-
erating point, around half the Reynolds number independent
losses were due to tip leakage.
Based on above-presented method, the loss analysis was car-
ried out for off-design operating conditions and different tip
clearances. Reynolds number independent loss was deter-
mined using the line method. Here, comparability was given
due to size independency. As Reynolds number dependent
losses are size dependent, case B, marked as fre f with a
dashed line in Fig. 10, was chosen as reference case for the
comparison. The procedure was applied to relative tip clear-
ances of 3, 5, 7.5, 10 and 15 %. The resulting relative losses
are plotted in Fig. 11 as a function of global flow coefficient.
Graph a on the top shows Reynolds number independent loss
A. Two main observations can be made. Firstly, Reynolds
number independent loss increased with flow coefficient and
peaked at choke. Secondly, Reynolds number independent
loss varied with tip clearance and showed a similar trend over
the operating range. This behaviour is analysed in more de-
tail below.
Fig. 11 b shows Reynolds number dependent loss for ref-
erence case B. Since the curves for different tip clearances
collapsed to one single line over the whole operating range,
the results clearly suggested a tip clearance independent be-
haviour. Furthermore, Reynolds number dependent loss de-
creased with increasing flow coefficient because an increase



Fig. 10. Total-total polytropic efficiency and tip leakage loss as func-
tion of the Darcy-Weissbach friction coefficient after Casey, Robinson
and Dietmann plotted for a relative tip clearance of 5 %.

in flow coefficient led to an increase in Reynolds number and
consequently a reduction in friction coefficient.
Further following above-described method, Reynolds num-
ber independent loss was split into its tip leakage related and
non-related parts. The efficiency drop due to tip leakage loss
was calculated as mean average of geometries A-D with a
maximum standard deviation of 0.6% close to compressor
surge. It is shown as a function of global flow coefficient
in Fig. 12 a. For constant clearance, the efficiency drop in-
creased with flow coefficient. This behaviour could best be
explained analytically, combining equations 2, 5 and 13 to
equation 14. Here, the efficiency penalty is expressed as a
factorisation of work coefficient, density ratio, velocity ratio,
area ratio, and tip speed. For a fixed geometry and constant
speed, area ratio and tip speed remain constant. As shown in
Fig. 7, the work coefficient decreases with global flow co-
efficient, causing the efficiency penalty due to tip leakage to
increase.

∆ηCl =
PCl

P
=

1
λ

ρCl

ρ1

w3
Cl

cm1

ACl

A1

1
2u2

2
(14)

Regarding an increase in clearance area, and consequently
area ratio, equation 14 suggests an increase in efficiency
penalty, which corresponds to the behaviour shown in Fig.
12 a. Obviously, an increase in clearance area led to in-
creased leakage mass flow across the tip gap.
Both, density and velocity ratio presented in equation 14 are
much harder to interpret as both, inlet conditions and clear-
ance conditions change with operating point. Taking the
change in static inlet conditions as a feature, inherent to the
change in operating point, special attention has to be drawn

Fig. 11. Reynolds number independent and dependent losses for
five different clearance ratios as a function of the global flow coeffi-
cient for case B

to clearance density and velocity. Both factors heavily de-
pend on blade loading and can consequently be controlled
by the designer. A more detailed discussion follows in the
next section.
Fig. 12 b depicts the efficiency drop due to other Reynolds
number independent loss as a function of global flow coeffi-
cient. The figure suggests that those are almost independent
from clearance ratio and increase strongly towards high flow
coefficients. This behaviour can be explained with the strong
increase in secondary flows.
In conclusion, a differentiation between Reynolds number
independent and dependent losses as suggested by Casey and
Robinson [10] provides a profound base to analyse loss in ge-
ometrically similar compressors of different scale and differ-
ent tip clearance. The authors showed, that an additional split
of Reynolds number independent loss into one part sourcing
from tip leakage and another part sourcing from the rest of
the machine is possible. It was found that loss directly related
to tip leakage remains constant for a particular clearance and
operating point. It can consequently be treated as Reynolds



Fig. 12. Efficiency drop due to tip leakage (a) and other Reynolds
number independent loss (b) as function of global flow coefficient.

number, thus scaling independent loss.
An off-design loss breakdown for one geometry of specific
size and different clearances showed that Reynolds number
dependent loss is clearance independent for the whole op-
erating range and collapses to a single curve. As expected,
Reynolds number dependent loss decreased towards choke
due to the reduction in friction coefficient.
Reynolds number independent losses from sources other
than the clearance were found to increase with flow coeffi-
cient, most likely due to the elevated level of secondary flows
towards choke.
The relative amount of loss, directly related to tip clearance
and shown to be Reynolds number independent, increased
with flow coefficient due to the reduction in work input to-
wards high flow rates. It was furthermore shown that tip
clearance loss is strongly dependent on the size of the tip
clearance. The authors showed analytically that, besides tip
clearance, fluid density and velocity are the main influence
parameters on clearance loss, which can be altered by a de-
signer. The following section with a design example picks
up this idea and discusses alteration of clearance density and

velocity via blade loading.

8 Design example of scaling a compressor and altering
its clearance
This section discusses the effects of down-scaling a

compressor while increasing its tip clearance. Based on the
findings previously presented in this paper, the following
qualitative outlines can be provided:
Ignoring the increase in relative surface roughness, per-
formance alterations in machines with constant relative tip
clearance occur entirely due to the Reynolds number effect.
When down-scaling a compressor, this effect shifts the best
efficiency point to lower flow coefficients and decreases effi-
ciency over the whole operating range.
Manufacturing and assembly tolerances can make it neces-
sary to increase the tip clearance of small scale machines,
further deteriorating performance.

To demonstrate the impact of these outlines, baseline case B
with a relative tip clearance of 5% was scaled by a factor of
0.75 to case A. Its relative tip clearance was then varied to
5%, 7.5% and 10%. A comparison of numerical results for
these four machines is provided in Fig. 13, showing total-
total polytropic head coefficient in graph a, work input co-
efficient in graph b and total-total polytropic efficiency in
graph c. Case B was marked as black circles, case A with
5% as red crosses, with 7.5 % as blue diamonds and with
10% as green squares. This color code is kept for the rest of
this section.
The efficiency graph shows that geometric scaling alone re-
sulted in an efficiency drop of 0.6 efficiency points and a
reduction in best point flow coefficient of 0.76% relative to
baseline. An increase in tip clearance led to a more pro-
nounced alteration than the Reynolds number effect alone.
An increase in tip gap of 2.5% (from 5 to 7.5%) led to a
loss of 2.1 efficiency points and a reduction in best point
flow coefficient of 4.76% relative to baseline. An increase
in tip gap of 5% (from 5 to 10%) led to a loss of 3.1 effi-
ciency points and a reduction in best point flow coefficient
of 7.83% relative to baseline. Two main contributors to the
loss in efficiency and reduction in flow coefficient could be
identified. Based on the head coefficient graph in shown Fig.
13a, it became obvious that an increase in tip clearance went
along with a loss in head rise. This behaviour mainly sourced
from the stronger tip jet and correspondingly stronger mix-
ing and blockage. Due to the increased leakage across the
blade, work input was decreased, as can be observed in 13b.

Further evidence on the connection between increased leak-
age and blockage is provided in Fig. 14, which shows rotor
outlet flow coefficient φ2 over global flow coefficient on the
top and nondimensional clearance mass flow on the bottom.
Besides the expected increase in clearance mass flow with
a reduction in flow rate due to increased blade loading, the
bottom graph clearly shows the influence of increased clear-
ance area on leakage mass flow. In addition, the graph fur-
ther support Reynolds number independency of tip leakage,



Fig. 13. Change of dimensionless compressor peformance values
total-total polytropic head coefficient (a), work input coefficient (b)
and total-total polytropic efficiency (c) as function of the global flow
coefficient by down-scaling a compressor and changing its relative
tip clearance ratio.

since compressor B and A with the same clearance ratio of
5% showed the same evolution.
Using the outlet flow coefficient as a metric for blockage due
to the inclusion of rotor outlet meridional velocity in it, the
top graph shows an increase in outlet flow coefficient with
tip clearance, which can be taken as an indicator for elevated
blockage. As increased blockage also leads to higher slip ve-
locity, it is connected to the loss in work input.
In consequence, to achieve a best point operation of com-
pressors with higher relative clearance ratios at same dimen-
sionless flow coefficients, a designer needs to consider in-

creased tip leakage and resulting increased blockage.

Fig. 14. Tip flow coefficient (a) and leakage mass flow ratio (b) as
function of the global flow coefficient by down-scaling a compressor
and changing its relative tip clearance ratio.

Assuming that increased clearance area at small scale is in-
evitable, the designer has to search for ways to control in-
creased tip leakage and its deteriorating effects on main pas-
sage flow. A factorisation of mass flow led to clearance mass
flux and its components, density and velocity as remaining
variables. Those were determined on the suction sided clear-
ance surface and are plotted as a function of nondimensional
chord length at impeller tip in Fig. 15.
Mass flux distribution, shown in graph a, implies that larger
clearance led to increased mass flux in the first 20% of the
blade. This region of the clearance is the main source of the
tip leakage vortex, which develops from the high kinetic en-
ergy clearance jet rolling up as it mixes with passage main
flow. According to Kang and Hirsch [21], the trajectory of
the tip vortex is governed by Coriolis and centrifugal forces
as well as by the strength of the tip leakage jet. Obviously,
an increased clearance leads to a more pronounced tip leak-
age vortex. Mass flux distribution remained less affected be-



tween 20 and 60% chord, with a marginal reduction as tip
clearance increased. The rear 40% of the clearance showed
a clear decrease of mass flux with higher clearance. Whilst
this behaviour is generally favourable, it remains too small
to compensate for the leakage increase due to larger area.
Density and Mach number distribution, provided in graphs b
and c, allowed further insight. Focussing on the first 20% of
the blade, density was less affected by clearance alteration,
whilst Mach number increased significantly. This observa-
tion implies changes in loading but not in diffusion in this
section of the blade. The mid section showed an increase in
density, implying higher levels of diffusion with larger clear-
ance. At the same time, Mach number was lowered, suggest-
ing a reduction in loading. The rear 40% clearance showed
similar density distributions for different tip gap sizes, along-
side with a clear reduction in Mach number.
Obviously, a tip clearance alteration led to a change in ve-
locity, and density distribution within the tip gap. In order to
find ways to control these parameters, the designer needs to
make a connection with compressor geometry. One way to
gain this information is an investigation of the flow close to
the blade tip.
Fig. 16 a shows the main blade diffusion ratio at 95 % blade
height over chord length. Larger tip clearance significantly
increased diffusion around the tip over the whole chord and
pronounced local peaks, such as around 50% chord. One
contributor to the increase in diffusion around blade tip with
clearance size was the stronger tip leakage vortex. It led to
a more disturbed flow field around the casing, resulting in
more decelerated main flow.
Increased diffusion around the blade tip is further illustrated
in Fig. 16b, which shows total to static pressure ratio rela-
tive to inlet total conditions at the same blade height. Higher
values of pressure rise were achieved with larger tip clear-
ances, further supporting the argument of increased deceler-
ation along the shroud.
In order to reduce diffusion due to large clearance around the
blade tip, a designer may choose a narrower end-wall distri-
bution, for example by altering the meridional shroud con-
tour.
Fig. 16c presents the blade loading distribution at 95% span.
A clear alteration with increase in tip clearance could be
observed. In the first 20% of the blade, loading increased,
whereas the rest of the blade, namely the mid section be-
tween 20 and 60% and the rear 40%, showed a decrease in
loading. Fig. 16c shows that the inducer part got more loaded
with increased tip clearance, further strengthening leakage
in this region. As discussed above, this led to a stronger tip
leakage vortex and consequently higher blockage in the main
passage. A designer would need to counter the influence of
clearance on blade loading by choosing a more mid loaded
design around the blade tip. A mid loaded design would be
preferred over an aft loaded design, as fluid density towards
the rotor outlet becomes higher. High loading in this region
would increase leakage of high density fluid across the blade,
which would be particularly harmful to compressor perfor-
mance.
In conclusion, care must be taken when down-scaling an im-

Fig. 15. Tip leakage mass flux (a), dimensionless tip leakage den-
sity (b) and tip jet Mach number (c) as function of the dimensionless
meridional coordinate

peller and increasing its relative clearance ratio, since signif-
icant changes to the governing flow patterns are introduced,
for example increased tip jets. A shift of the best efficiency
point towards lower flow coefficients due to a stronger tip
leakage vortex and the resulting increased blockage can be
expected. Furthermore, smaller scale and increased clear-
ance lead to decreased performance across the whole com-
pressor operating range. Assuming that these changes are
not too severe with regards to required specifications, a de-
signer could try several options to control performance via
geometry adaptions, and avoid the effort of a completely new
design:



Fig. 16. Diffusion ratio (a), total-static pressure ratio (b) and blade
loading (c) as function of the dimensionless meridional coordinate at
95 % blade span

1. The decrease in peak efficiency flow coefficient due to
increased blockage can be significant. A designer could
choose to down-scale a baseline geometry with higher
flow coefficient to achieve peak efficiency at desired
flow rate. Another option would be to reshape merid-
ional impeller contours to thinner channels. Especially
a slimmer end-wall distribution in the inducer part could
decrease diffusion around blade tip and consequently re-
duce the tip leakage vortex.

2. To counter the increased front loading of the blade tip
due to increased clearance, a loading redistribution of
the top 10% of the span towards the middle is suggested.
At this location, the leakage jet does not aggravate the

tip leakage vortex as much as in the inducer. Further-
more, fluid is less dense than in the exducer so that mid
loading presents a good compromise.

3. A meridional shroud endwall distribution with less dif-
fusion in the inducer could contribute to a weaker tip
leakage vortex and an improve in performance.

4. Another option for the designer to shift best efficiency
location towards higher flow coefficients could be an in-
crease in blade outlet angle. The resulting steeper work
input coefficient characteristic shifts peak efficiency to-
wards higher flow rates. As this approach also leads to
smaller work input coefficients at peak efficiency, only
a lower head would be possible and limits this approach
to down-scaled compressors with less demanding speci-
fications than the original geometry.

9 Conclusions
This study investigated the particularities of geometric

scaling at low turbulent Reynolds numbers. In this regime,
the Reynolds number effect, describing the non linear depen-
dency of surface friction on Reynolds number needs to be
taken into account. The focus of this investigation was put
on small scale machines, where manufacturing limitations
can lead to increased tip clearances. As a simplification, the
well described increase in relative surface roughness was ne-
glected. First, the impact of both phenomena on compressor
performance was discussed. Subsequently, an assessment of
state of the art models, including a self-developed one was
presented. In contrast to other studies, model performance
was tested at design and off-design. In next step, a loss
breakdown was carried out. Alongside understanding evo-
lution of Reynolds number dependent and independent loss,
the analysis clarified that tip leakage loss can be treated as
Reynolds number independent loss. Finally, a down-scaling
procedure, as carried out by a designer, was showcased and
suggestions how to adapt compressor performance via geom-
etry alterations were presented.
The work was carried out using numerical models derived
from an experimentally validated baseline geometry. Key re-
sults of this study are summarised as follows:

During a geometric down-scaling process, surface friction
increases due to the Reynolds number effect. As a result,
all friction related loss increases, reducing compressor per-
formance. This effect gets amplified further by increased
relative surface roughness. Manufacturing variations force
the designer to implement larger tip clearances in small scale
compressors. Increased clearance area leads to more leakage
across the blade and a deterioration of compressor perfor-
mance. Both, Reynolds number effect and mainly increased
tip clearance lead to increased blockage and a shift in best
efficiency point towards lower flow coefficients.

Assessment of prediction models at design and off-design
found that the resolution of shift in flow coefficient signifi-
cantly improves prediction capabilities. Furthermore, usage
of chord length based Reynolds number adds to improved



accuracy. The author’s model together with Casey and Diet-
mann’s model both include these features and provide most
accurate performance prediction.

A loss breakdown based on Casey and Robinson’s [10]
approach to separate between Reynolds number dependent
and independent loss was applied to similar compressors
of different scale and different tip clearances. The authors
additionally showed that it is possible to further separate
Reynolds number independent loss into one part sourcing
from tip leakage and another part sourcing from the rest of
the machine. The analysis clarified that loss directly related
to tip leakage is Reynolds number and consequently size in-
dependent and only changes with clearance size. Further
supporting this finding, Reynolds number dependent loss
was found to be clearance independent over the whole com-
pressor operating range. Regarding the impact of Reynolds
effect and increased clearance on compressor performance,
it was found that the latter has a much larger effect.

Based on a design example, the authors showed the compli-
cations occurring when down-scaling an existing geometry
and increasing its clearance. The following suggestions to
counter overall loss in efficiency and shift in best efficiency
point were presented:

1. The decrease in peak efficiency flow coefficient due to
increased blockage can be significant. A designer could
choose to down-scale a baseline geometry with higher
flow coefficient to achieve peak efficiency at desired
flow rate. Another option would be to reshape merid-
ional impeller contours to thinner channels. Especially
a slimmer end-wall distribution in the inducer part could
decrease diffusion around blade tip and consequently re-
duce the tip leakage vortex.

2. To counter the increased front loading of the blade tip
due to increased clearance, a loading redistribution of
the top 10% of the span towards the middle is suggested.
At this location, the leakage jet does not aggravate the
tip leakage vortex as much as in the inducer. Further-
more, fluid is less dense than in the exducer so that mid
loading seems a good compromise.

3. A meridional shroud endwall distribution with less dif-
fusion in the inducer could contribute to a weaker tip
leakage vortex and improve performance.

4. Another option for the designer to shift best efficiency
location towards higher flow coefficients could be an in-
crease in blade outlet angle. The resulting steeper work
input coefficient characteristic shifts peak efficiency to-
wards higher flow rates. As this approach also leads to
smaller work input coefficients at peak efficiency, only
a lower head would be possible and limits this approach
to down-scaled compressors with less demanding speci-
fications than the original geometry.
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